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ABSTRACT
The objective of this thesis is to design a cooling system for a skid-mounted hydraulic fracturing
equipment. Hydraulic fracturing, popularly known as “fracking”, is a process by which natural gas
and oil are extracted by fracturing shale rock formations using a high pressure water-jet mixed
with sand, abrasives and chemicals. A fracking equipment typically consists of a reciprocating
pump driven by an electric drill motor. The motor itself is cooled by air from a centrifugal blower
while the lubricating oil from the pump is cooled separately by an air-cooled radiator. The newly
proposed design aims to remove the radiator fan and cool both the motor and the radiator via
cooling air supplied by a centrifugal blower through a duct system. The scope of this thesis is
limited to the design of the drill pump motor cooling tubes and the transition duct connecting the
exit motor plenum to the radiator. The total heat load of the system is 139.5 kW. Out of this, 64.6
kW & 38.9 kW are due to internal heat generation in the stator and the rotor respectively. The
remaining 36kW is due to the heat exchange in the oil cooler/radiator. The design mass flow rate
is 4000 SCFM. Pressure drop through the system and heat load of the system are the two most
important parameters affecting the design of rotor and stator cooling tubes & transition duct. This
is because these parameters are the potential bottlenecks to the overall performance of the system.
Baseline CFD & Conjugate Heat Transfer analysis of the drill pump motor revealed that at the
maximum operating load of 103.5 kW, the maximum steady state temperature in the motor was
203.50C which exceeded the upper limit of 2000C for the electric insulation of the motor windings.
This observation was consistent with GE-Transportation’s experimental data. Above 2000C, the
electric insulation of the windings would melt causing short circuit in the motor. To alleviate this
problem, a number of heat transfer enhancement techniques like longitudinal fins, transverse
grooves and transverse ribs of various shapes were studied. Out of these, circular grooves were
chosen as the heat transfer enhancement solution due to their simplicity with respect to
manufacturability and reasonable effectiveness. Parametric analysis of the design of the
rotor/stator tubes with circular grooves was also done. It was concluded that the recommended
heat transfer enhancement solution could bring down the working temperatures of the rotor and
the stator by 43.10C at full load at operating point.
The transition duct connecting the exit motor plenum to the radiator supplies cooling air from the
blower to the radiator after it has passed through the inlet plenum, rotor & stator cooling tubes and
exit plenum. Design this transition duct for optimal performance is the second major objective of
this thesis. Due to the dimensional constraints, the transition duct has a high aspect ratio at the inlet
(3.5:1) and high divergence angles (78.40 in the top view and 37.90 in the front view).
Consequently, without any flow control mechanism, this duct would have a lot of flow separation
& recirculating flow which would reduce the cooling efficiency of the radiator. After many design
iterations, an optimum perforated flow distributor plate was designed which had a solidity ratio of
58.6%. Further, it was concluded that the best results were obtained if the plate was located at the
center of the transition duct. The percentage forward-flow area at the outlet (where the radiator is
placed), was compared with that in case of fan. The best perforated plate design had a forward
flow area of approximately 75-80% while the forward flow area in case of a fan was approximately
71.3%.
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NOMENCLATURE
Ar – Cross-sectional area of the component represented by the subscript r.
Cp – Specific Heat Capacity of Air at Constant Pressure
Cf – Skin Friction coefficient
𝐶𝑝𝑓 - Specific Heat Capacity of Air at Constant Pressure and at film temperature
Dr – Diameter of component represented by the subscript r.
d jet – Diameter of jet at origin.
d slot , t slot– width/length of the slot
e – depth in case of transverse rib/groove
f- Moody’s friction factor for smooth tube or for heat transfer enhancement depending on the
context
f fin - Moody’s friction factor for longitudinal fins
f gr - Moody’s friction factor for tubes with grooves
f rib - Moody’s friction factor for Transverse ribs
f s - Moody’s friction factor for plate/tube without ribs/grooves.
f st - Moody’s friction factor for smooth tube
g-gravitational acceleration
H – Non-dimensional height of a fin.
h-heat transfer coefficient
𝑘𝑓 – Thermal Conductivity of Air at Film Temperature
𝑘𝑟 , 𝑘𝜃 , 𝑘𝑧 – Thermal Conductivity in cylindrical coordinates
𝑘 –TKE (Turbulent Kinetic Energy)
Lr– Axial Length of the entity represented by subscript r
𝑚̇- Mass flow rate of air
N- Total number of slots/holes/grooves/fins
Nu- Nusselt Number in case of smooth tubes or with heat transfer enhancement depending on the
context
Nu high, Nu micro - Nusselt Number in case of high longitudinal fins / micro fins
Ngr- Nusselt Number in case of grooved tubes
Nust- Nusselt Number in case of smooth tubes
Nus- Tube or plates without grooves/ribs
P –pitch in case of transverse rib/groove
x

𝑝̅ – Mean Pressure
ΔPcontraction /ΔPexpansion – Pressure loss due to sudden contraction/sudden expansion
𝑃𝑟𝑓 – Prandtl No. of Air at Film Temperature
Qtotal = Total Heat transfer rate
𝑞̇ , q’’’ – volumetric heat generation
Re-Reynolds number
𝑅𝑒𝐷𝑚𝑒𝑎𝑛 -Reynolds number based on mean hole diameter
𝑆𝑖𝑗 - Mean Strain rate tensor
St- Stanton number
T r-Temperature of the entity represented by subscript r
𝑢̅𝑖 - ith component of the mean velocity written in tensor notation
̅̅̅̅̅̅̅
𝑢𝑖 ′ 𝑢𝑗 ′ - Reynolds Stress tensor
𝑉𝑟 - Velocity of air flowing through the component represented by subscript r.
𝑉𝑗𝑒𝑡 - Axial Velocity of axisymmetric jet at origin
𝑉𝑧 - Axial Velocity of axisymmetric jet /2-D wall jet at an axial distance of z from the origin
w- width of a rib/fin/groove
𝛺𝑖𝑗 –Rotation Tensor
ε- Turbulent dissipation rate
𝜃̅ – Dimensionless Static Temperature
𝜇𝑓 –Dynamic Viscosity of Air at Film Temperature
ν- Kinematic Viscosity of Air
𝜈𝑓 - Kinematic Viscosity of Air at Film Temperature
νt – Turbulent viscosity
𝜌𝑓 - Density of Air at Film Temperature
ω-Specific Dissipation rate
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Chapter -1
Introduction
Well stimulation techniques are a set of operations carried out in an oil or gas well to increase the
production/output of oil or gas from the well by improving the flow of hydrocarbons from the
drainage area into the well bore. Hydraulic Fracturing, commonly known as fracking, is a well
stimulation technique in which a shale rock formation is fractured by hydraulically pressurized
water jet which is mixed with abrasives (commonly sand) and chemicals. Shale rock formations,
unlike conventional reservoirs of oil and gas, have low permeability. Hence, to extract oil or gas
from a shale rock formation through hydraulic fracturing, the fracking fluid must be pumped into
the well bore at a rate sufficient to increase the pressure at a target depth (which is determined by
the location of well casing perforations) to overcome the fracture gradient of the rock. Typical
working pressures are ~15000 psi and typical fracking fluid flow rates into the well bore are ~ 265
liters/sec.

Fig. 1 Schematic of Hydraulic Fracturing process [1]

Fig. 1 above shows the schematic of hydraulic fracturing process. Typically before the introduction
of fracking fluid into the well bore, vertical drilling is performed upto 5000-20,000 ft depending
on the depth of the shale rock formation. This vertical drilling gradually transitions to horizontal
at a target depth. After that, horizontal drilling is performed upto ~10,000 ft depending on the
size/width of the shale rock formation. Subsequently, hydraulic fracturing stimulates the well bore
at the target depth by fracturing the shale rock formation as shown in fig. 1. This releases the
trapped natural gas/ oil in the shale gas formation. After the hydraulic pressure is removed from
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the well, small grains of hydraulic fracturing proppants like sand which were pumped with the
fracking fluid hold the fractures open.
Hydraulic fracturing has played a pivotal role in the US energy Renaissance in the last decade and
is continuing to do so. According to a study of ICF international[2], the entire chain of
unconventional natural gas & oil produced through hydraulic fracturing of shale rocks supported
2.1 million jobs in 2012 and is projected to support 3.9 million jobs by 2025 including 515,000
manufacturing jobs. Fracking has contributed $284 billion to the US GDP in 2012 which could
increase to $533 billion by 2025. Further, with the increase in domestic production of shale oil and
natural gas using this technology, prices of oil and natural gas have remained low and stable which
has saved US consumers between $165 billion to $624 billion in 2013[3]. Due to this tremendous
growth potential in hydraulic fracturing market, major industrial players like GE, Siemens, etc.
are venturing into this business.
GE-Transportation is a division of General Electric which manufactures equipment for mining,
drilling, railroad, marine and other transportation needs. Designing a new fracking drive cooling
system for GE-Transportation’s skid-mounted fracking drive equipment is a part of GE-Penn State
research collaboration. A typical skid-mounted fracking drive system is shown in fig. 2. It mainly
consists of a quintuplex (5-cylinder) reciprocating pump, a drill motor, a blower and a radiator or
an oil cooler. The pump supplies pressurized water-jet mixed with abrasives and chemicals for
hydraulic fracturing. The pump can supply fracking fluid at pressures ranging from 1900-6100 psi
with corresponding flow rates ranging from 2044 to 631 gallons/min at a rated speed of 330 RPM.
The pump is driven by a GEB 34 drill motor which is a 3-phase induction motor that operates at ~
1050 RPM. Traditionally, the pump was oil-cooled and the oil, in turn, was cooled by an oil
cooler/radiator. The oil cooler or radiator is a compact heat exchanger with a fan which produces
cross-flow of air over the surface of the radiator tubes to cool the oil flowing inside them. The heat
load of the oil cooler/radiator is 36 kW. The motor driving the pump was separately cooled by air
flowing through the motor tubes. The total heat load of the motor is 103.5 kW out of which 38.9
kW is of the rotor and the remaining 64.6 kW is of the stator. The existing cooling system design
in which the air-flow through the motor tubes was produced by a 3000CFM centrifugal blower at
a head of 12.2” of H2O had a major limitation that the motor could only be run at the full heat load
for only about 20 minutes. Running the motor any longer at full load would exceed the stator
winding temperature beyond 2000C. This would melt the insulation of the windings causing
catastrophic failure of the motor. The goal of this project is to alleviate this problem. It is also
desired that a single centrifugal blower capable of providing 4000 SCFM of mass flow would
provide the air flow for cooling the motor as well as the oil in the radiator. Doing so would also
reduce the noise made by the equipment due to the radiator fan which is an occupational hazard.
However, analysis and quantification of net noise reduction due to removal of fan and installing a
new blower & acoustic liners is beyond the scope of this thesis. The scope of this thesis is limited
to the design of the motor and the transition duct connecting the exit motor plenum to the oil
cooler/radiator. The motor design and the transition duct design problems are covered in the
proceeding sections.
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Fig. 2 GE-Transportation’s Hydraulic Fracturing Equipment [4]

1.1

The Motor Design Problem and the relevant literature review

The drill motor which drives the pump is a 3-phase squirrel-cage type induction motor. Fig 3 (a)
shows the schematic of the drill motor. The drill motor consists of a rotating part attached to the
motor shaft, known as the rotor, and a stationary part attached to the motor casing, known as the
stator. The rotor and the stator are made of a number of low carbon silicon steel laminations to
reduce eddy current losses. The stator consists of a number of slots to receive the 3-phase Copper
windings wound for a definite number of poles. The squirrel cage rotor consists of Copper bars
inserted in the slots of the laminated rotor core and brazed to two short-circuiting end rings on
either side. The rotor and the stator are separated by a small air gap (shown in fig 3(b)) to prevent
any interference between them due to the eccentricity of the shaft or due to unbalanced magnetic
pull [23]. The rotor and the stator laminations consist of cooling tubes as shown in fig. 3 (a) to cause
the flow of cooling air through them. Towards either ends, the motor is enclosed by motor plenums
which act as collection chambers for the cooling air flowing through the rotor and the stator tubes.
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Fig. 3 (a) Schematic of a drill motor lamination showing the rotor and the stator along with the cooling
tubes. (b) The magnified region in the red circle in (a) to show the air gap that exist between the rotor and the
stator

With the existing cooling system design, the motor was able to run at the maximum operating load
for only about 20 minutes. This was because the maximum temperature in the motor was shooting
up to 2000C. Exceeding this temperature would melt the insulation of the windings causing short
circuit in the motor. Hence, the cooling system design must be modified so that the motor is able
to run at the maximum operating load for extended periods.
An extensive literature review was done to study the possible heat transfer enhancement methods
to lower the maximum temperatures of the rotor and the stator. Webb and Kim[9] gave a
comprehensive description of the various external flow and internal flow heat transfer
enhancement techniques relevant to industrial applications. Some of these passive heat transfer
techniques relevant to the internal flow cooling system of the motor design as tape inserts,
longitudinal/helical fins, transverse/helical ribs/grooves, etc. Although, helical fins, ribs and
grooves provide higher enhancement than their purely longitudinal/transverse counterparts, yet
they were not considered as possible heat transfer enhancement solutions due to complexity in
their manufacturing.
Many experimental and computational studies have been carried out to study the heat transfer
enhancement of fins, ribs and grooves. Jensen and Vlakancic[7] developed empirical correlations
to predict the heat transfer enhancement in internally finned tubes. Liu and Jensen[6] carried out
computational studies to analyze the fin geometry effects like fin width, fin height, helix angle etc.
Bilen et al. [5] carried out experiments to study the effect of groove shape on heat transfer and
developed correlations for circular, rectangular and triangular grooves. Han et al. [8] developed
experimental correlations for rib-roughened surfaces. One of the goals of this thesis is to design a
cooling system which could provide maximum heat transfer enhancement in the motor at minimum
4

pressure loss using the existing heat transfer enhancement methods discussed above or by doing
some ingenious design modifications.
1.2

The Transition Duct Design Problem and the relevant literature review

The duct connecting the exit plenum of the motor with the oil cooler/radiator has a 21.59” straight
section and a 2’ transition section which is an asymmetric wide angle diffuser. Due to space
constraints and GE-Transportation’s requirement that the transition section shouldn’t be longer
than 2’ (0.609m), this transition duct has very high divergence angles of 37.950 in the front plane
and 78.370 in the top plane as shown in fig. 4 (a) and (b).The area expansion ratio of the duct is
8.24 with a rectangular inlet (0.225m x 0.800m) and a square outlet (1.219m x 1.219m). Typically,
for a non-separated flow in a straight wall diffuser, the angle of divergence of the diffuser should
be less than 5-60 .Consequently, without any flow control mechanism, this transition section would
have a lot of flow separation. Consequently, there would be recirculation of flow at the oil cooling
radiator placed at the end of this transition duct. As a result, the cooling efficiency of the radiator
would be severely reduced deteriorating the performance of the oil cooling radiator.
Reducing flow separation in wide-angle diffusers is important in many applications like closed
circuit wind tunnels, electrostatic precipitators, etc. where a duct with a lower expansion ratio to
decrease the diffuser angle is not feasible due to practical considerations. Hence, numerous studies
have been performed to suggest flow control methods. Cochran and kline[12] suggested the use of
short flat vanes to reduce flow separation in two dimensional wide-angle diffusers. However, the
diffuser under consideration is a three dimensional diffuser which would require bi-directional
vanes. This would increase the complexity of the duct system. Moreover, Cochran and Kline
suggested that the divergence angle between the vane passages should not exceed 70. This implies
that the transition duct under consideration would require 12 vertical vanes and 6 horizontal vanes
which would make it bulky. GE-Transportation was reluctant to use a bulky transition duct as the
movement of personnel for equipment maintenance requires the duct to be disassembled and reassembled frequently. So, a bulky transition duct would make this process cumbersome. Hence,
vanes were not considered as a flow control solution.
Another way to reduce flow separation in wide-angle diffusers is the use of screens. Screens are
thin planar objects composed of fine cross wires which form a mesh. To the best of authors’
knowledge, McLellan and Nichols [11] were the first to observe that the ducts with relatively high
expansion ratios (2:1 or 3:1) had comparatively less separation if there is a resistance to the flow
(such as a heat exchanger) at the end of the duct. This led to the concept of screens as flow control
devices. Schubauer and Spangenberg [10] performed a series of experiments on conical diffusers in
which it was established that in an arbitrarily shaped diffuser, a single screen could entirely
eliminate flow separation downstream of the screen even if there is flow separation in the diffuser
upstream of the screen. They suggested that the position and the ratio of flow area to the total
cross sectional area of the screen (referred to as “porosity” here with) could be chosen in such a
way that the overall static pressure recovery through transition duct is zero. This was confirmed
by Farell and Xia[13]. Farell and Xia also suggested from a 1-D analysis that the porosity of the
perforated plates should be more than 60% to prevent anomalous flow behavior resulting from the
non-uniform coalescence of jets downstream.
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Fig. 4(a) Top View and (b) Front View of the Transition duct showing the transition duct length and the
divergence angles.

Sahin and Ward-Smith[14] performed experimental studies on effect of perforated plates on an
asymmetric three-dimensional diffuser with a square inlet (0.46 m x 0.46 m), rectangular outlet
(102 x 142 cm), 0.425 m transition length and divergence angles of 970 and 670 . They reported
that the flow characteristics downstream of the perforated plate depend on the perforated plate
location, the ratio of diffuser length to throat width (recall that their diffuser had a square inlet),
the plate porosity and the number of perforated plates. They also reported that the optimum
porosity of the perforated plate was 50%. A porosity significantly less than 50% causes the flow
to accumulate towards the wall with higher velocities near the wall and lower velocities near the
center of the duct resulting in a non-uniform velocity profile at the duct exit. On the other hand, a
porosity significantly higher than 50% causes insufficient spreading of the flow leading to high
velocities at the center of the duct and back flow near the walls. Due to these incongruent values
of Sahin and Ward-Smith[14] and Farell and Xia[13], a porosity in the range of 50-60% is used in the
analysis.
To the authors’ knowledge, no computational study has been performed so far to analyze the flow
through perforated plate in a three-dimensional asymmetric diffuser although a lot of literature is
available on flow separation in three-dimensional asymmetric diffusers. Unlike in the motor design
problem discussed above, where the physics of the flow is relatively simple and a variety of
turbulence models like k-ε, k-ω, low Re k-ε, etc. are expected to give similar results, the complexity
of flow physics and the inherent asymmetry in the transition duct flow may cause the results to
vary depending on the choice of turbulence model. Jeyapaul [15] showed that eddy viscosity models
like k-ε, k-ω models, by the virtue of being based on the approximation of isotropic dissipation,
fail to predict the three-dimensional asymmetric flow separation correctly due to the high strain
rates and anisotropy of Reynolds stresses. He recommends the use of Reynolds Stress Stress6

Omega model of Wallin and Johansson[26] for correct prediction of such flows. In case of threedimensional asymmetric diffusers without a perforated plate, this holds true. However,
introduction of the plate causes, formation of jets which may reduce the anisotropy of flow. Hence,
both the k-ε and the Reynolds Stress Stress-Omega models were used for analysis of this problem
and the results were compared to each other for the two models.
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Chapter -2
Objectives, Design Requirements & Preliminary Analysis
2.1

Objectives and design requirements relevant to thesis

As discussed in Chapter-1, the scope of this thesis is limited to the design of the motor and the
transition duct. The objective is to design a cooling system based on GE-Transportation’s
requirements which gives satisfactory performance under the given range of operating conditions.
The relevant project design requirements [4] for this cooling system are as follows:1)
2)
3)
4)
5)
6)
7)
8)

The design mass flow rate for the cooling system is 4000 SCFM. However, this can be
changed if required.
The maximum heat load for which the cooling system is to be designed is 103.5 kW
for the motor and 36kW for the oil radiator.
The cooling system must be designed for satisfactory performance for altitudes ranging
from 0 to 6000ft and in the temperature range of -400C to 450C.
The maximum temperature in the rotor and stator should be below 2000C under
maximum operating load under all ambient conditions.
The air temperature in the radiator should be low enough (<2000C) so that there is no
vaporization of oil in the radiator tubes.
The overall skid dimensions must not exceed 13’ (L) x 8’6” (W) x 11ft (H).
The ducting system should be oriented vertically with respect to ground to meet the
noise requirements. (Noise study is out of the scope of this thesis).
The ducting system must be design to minimize pressure loss due to bends in the duct,
sudden expansion and sudden contraction.

Hunt engine, the supplier of blowers for mining equipment to GE Transportation, was contacted
to provide specifications of different mining-equipment blowers. Based on the data provided by
GE-Transportation for system design requirements as summarized above, it was concluded that
the best suited blower would be G-5054 blower supplied by Hunt engine. This blower would
provide 16” of H20 pressure head at 4000 SCFM (Standard Cubic Feet per Minute). It was selected
for theoretical pressure-drop and heat transfer calculations.
2.2

Preliminary Analysis

There are two ways to supply the cooling air from the blower to the motor & the oil-cooler/radiatora) Sequential/Series arrangement where air flows from blower to the entry plenum, rotor and
stator tubes, then to exit plenum and finally to the oil-cooler/radiator. The air should first
flow through the motor as the motor heat load (103.5kW) is much higher than the oilcooler/radiator heat load (36 kW).
b) Parallel arrangement where parallel ducts supply cooling air to the motor and the oilcooler/radiator.
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Even under the maximum operating load, if the final temperature of air at the oil-cooler/radiator is
<2000C in both (a) and (b), series arrangement would be better than the parallel arrangement
because the duct work would be relatively less complex. Moreover, as the available space for the
duct is limited, the duct work in a serial arrangement would be more compact than in parallel
arrangement. So, it is desired that a series arrangement of duct should be used for preliminary
design provided the final temperature of air at the oil-cooler/radiator is <2000C. Failing to meet
this requirement would cause evaporation of oil which would degrade its lubricating properties
and cause the pump to fail.
To estimate the rise in temperature of air in a serial flow arrangement, a 1-D energy conservation
analysis can be done for the system under the following approximations:1) Flow through the system is incompressible & steady.
2) Heat loss to the environment is negligible.
Given,
𝑚̇ = 4000SCFM = 2.568 kg/s

(1)

For a typical industrial blower, the temperature rise ~ 60C
Therefore, considering the worst case (from point 2) design requirements),
temperature at inlet of the motor, T inlet= 45 +6 =510C

(2)

Applying energy conservation to the entire system,
Qtotal = 𝑚̇𝐶𝑝 ΔT
Therefore, rise in temperature of the air as it flows through the system (substituting 𝑚̇ from (1) &
taking Cp=1005 J/kg-K) –
ΔT =

Qtotal
𝑚̇𝐶𝑝

=

(103460+36000)
2.56787×1005

= 540 𝐶

Thus, the temperature of air at the exit of the radiator, T exit = (51+54) = 1050C <2000C
Therefore, the series arrangement is possible.
2.3

Proposed Cooling system air flow based on the preliminary analysis

Based on the data provided by GE-Transportation and their vendors, a preliminary design of the
cooling system was prepared as shown in figs. 5 and 6. The major design principle used in
preparing the initial design was that the total duct length should be kept minimal and that there
should be minimal bends in the duct as both these factors result in pressure loss. Also, the ducting
system is made to orient the noise upward.
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Fig. 5 Isometric drawing of the cooling system

Fig. 6 Top view of skid-mounted Fracking Drive Cooling System. All the dimensions are in inches. The
transition/diverging section is highlighted in red, the motor in purple and motor plenum in green.

Based on this initial design, CFD and heat transfer analysis of the system was carried out. The goal
of this thesis is to optimize the design of the motor and the transition duct in between the exit
plenum of the motor and the radiator.

10

Chapter -3
Description of Computational Models and Schemes
This chapter covers a general description of turbulence models and numerical schemes used in this
study. For all the CFD analyses done in this study, ANSYS FLUENT was used. Only a brief
description of each of the turbulent models and their underlying governing equations is given here.
For more details refer to the FLUENT theory guide[18].
The operating flow rates for the fracking drive cooling system are high enough for the flow to be
fully turbulent. Turbulent flows are characterized by random fluctuations in pressure, velocity and
temperature in time and space. For analysis of turbulent flows, the numerical solution to
statistically averaged continuity, momentum and energy equations is generally sought and this
solution is generally good enough for industrial purposes. These statistically averaged turbulent
flow equations are known as Reynolds-Averaged Navier-Stokes (RANS) equations.
Based on the design flow requirements, the flow can be approximated as incompressible since
Mach no. is much less than 0.3. A statistically steady flow analysis is done for the system as the
boundary conditions are time independent and system operates at a fixed operating flow rate.

3.1 RANS- Equations for incompressible statistically steady turbulent flow [18]
Continuity – This equation is the conservation of mass equation for a control volume for an
incompressible flow.
𝜕𝑢̅𝑖
=0
𝜕𝑥𝑖

∶ 𝑖 = 1,2,3

(3)

Momentum- This is the Newton’s second law for a mean fluid particle, i.e., a fluid particle
corresponding to the mean flow.
𝑢̅𝑗

′ ′
̅̅̅̅̅̅̅
𝜕𝑢
𝜕𝑢̅𝑖 −1 𝜕𝑝̅
𝜕 2 𝑢̅𝑖
𝑖 𝑢𝑗
=
+𝜈
−
𝜕𝑥𝑗
𝜌 𝜕𝑥𝑖
𝜕𝑥𝑗 𝜕𝑥𝑗
𝜕𝑥𝑗

∶ 𝑖, 𝑗 = 1,2,3

(4)

̅̅̅
𝜕𝑢

The 𝑢̅𝑗 𝜕𝑥 𝑖 term on the LHS is the non-linear advection term. The first two terms on the RHS are
𝑗

the pressure gradient term and the viscous diffusion term in that order. The

̅̅̅̅̅̅̅̅̅
′ ′
𝜕𝑢
𝑖 𝑢𝑗

term is called

𝜕𝑥𝑗
𝑢𝑖 ′ 𝑎𝑛𝑑

the Reynolds Stress term. It is evident that additional equations are needed for
𝑢𝑗 ′ in order
to solve the above system of equations 3 & 4. When equations are written for the second order
′ ′
′ ′
′
̅̅̅̅̅̅̅̅
̅̅̅̅̅̅̅̅̅̅̅̅
moments, (𝑢
𝑖 𝑢𝑗 ) , third order moments (𝑢𝑖 𝑢𝑗 𝑢𝑘 ) appear in these additional equations which
require further more equations .This trend continues indefinitely and this anomaly is called the
′ ′
̅̅̅̅̅̅̅̅
turbulence closure problem. Hence, the (𝑢
𝑖 𝑢𝑗 ) term needs to be represented in terms of the
known variables using some kind of a turbulence model. Depending on the modeling
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approximations and the number of additional equations, these turbulence models are either
classified as zero equation models, one-equation models, two equation models, etc. or as mixing
length models, eddy viscosity models, Reynolds stress models ,etc. In this thesis, mainly two kinds
of models are used which are described as follows:3.2 Two Equation Eddy Viscosity Models
Eddy viscosity models are based on the approximation that as molecular viscosity is representative
of molecular motions, similarly, the Reynolds stress, which is representative of the turbulent
motions could be related to the mean turbulent shear stress gradients using a turbulent eddy
viscosity. Two-equation eddy viscosity models assume that the turbulent dissipation rate ε is
isotropic. In these models, for modeling the Reynolds stress term, additional equations for TKE
̅̅̅̅̅
̅̅̅̅̅̅
̅̅̅̅̅̅
′ ′
′2
′2
′2
̅̅̅̅̅̅̅
(Turbulent Kinetic Energy k=𝑢
𝑖 𝑢𝑖 = 𝑢1 + 𝑢2 + 𝑢3 ) and dissipation rate ε are solved to
provide second order closure.
k (Turbulent Kinetic Energy) equation :- Turbulent kinetic energy refers to the mean kinetic
energy of turbulent velocity fluctuations. An equation for the transport of TKE could be obtained
by taking inner product of the momentum equation with fluctuating velocity and manipulating and
combining terms in the resulting equation. The TKE transport equation is written as follows:𝜕𝑘𝑢̅𝑖
𝜕
𝜈𝑡 𝜕𝑘
=
((𝜈 + )
) + 2𝜈𝑡 𝑆𝑖𝑗 𝑆𝑖𝑗 − 𝜀
𝜕𝑥𝑖
𝜕𝑥𝑗
𝜎𝑘 𝜕𝑥𝑗

∶ 𝑖, 𝑗 = 1,2,3

(5)

Besides equation (5) , an equation for the dissipation rate ε is also written. Therefore, this class of
eddy viscosity models is called as k-ε model. Various types of k-ε models are available in
FLUENT. In all these different types of k-ε models, the TKE equation remains the same, while the
ε equation varies with each model.
ε (Turbulent Dissipation Rate-equation specifically for Realizable k- ε model[33]) While the
TKE transport equation could be derived from the mean flow equation, a similar derivation for the
dissipation rate ε is not possible. Hence, analogous to equation (5), a similar transport equation is
written for ε which is empirical in nature, and for Realizable k- ε model, is given as follows :𝜕𝜀𝑢̅𝑖
𝜕
𝜈𝑡 𝜕𝜀
𝜀2
=
((𝜈 + )
) + 𝐶1 √2𝑆𝑖𝑗 𝑆𝑖𝑗 𝜀 − 𝐶2
𝜕𝑥𝑖
𝜕𝑥𝑗
𝜎𝜀 𝜕𝑥𝑗
𝑘 + √𝜈𝜀

∶ 𝑖, 𝑗 = 1,2,3

Where,
𝜎𝑘 𝑎𝑛𝑑 𝜎𝜀 -Turbulent Prandtl numbers for k and ε respectively, generally 𝜎𝑘 = 1 𝑎𝑛𝑑 𝜎𝜀 =1.2
𝜂

𝐶1 = max [0.43, 𝜂+5] , 𝜂 = √2𝑆𝑖𝑗 𝑆𝑖𝑗 𝑘/𝜀 𝐶2 = 1.0 , 𝜈𝑡 (turbulent viscosity) = 𝐶𝜇 𝑘 2 /𝜀,
And
1

𝐶𝜇 =
4.04 +

√6𝑐𝑜𝑠𝜙 𝑈 ∗ 𝑘
𝜀

,𝜙 =

1
𝑐𝑜𝑠 −1 √6𝑊
3
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(6)

𝑈 ∗ = √𝑆𝑖𝑗 𝑆𝑖𝑗 + 𝛺𝑖𝑗 𝛺𝑖𝑗
𝑊 = 𝑆𝑖𝑗 𝑆𝑗𝑘 𝑆𝑘𝑖 /√𝑆𝑖𝑗 𝑆𝑖𝑗

𝑖, 𝑗, 𝑘 = 1,2,3

The Realizable k- ε model is an improvement over the standard k- ε model. In this study, this
model has been used for obtaining an initial flow field in both the motor and the transition duct
problem. In the motor problem, this model was further used in the Conjugate Heat Transfer
analysis as described later in this thesis. This model also works reasonably well for separated flow
which is expected to occur in the transition duct between the motor and the radiator and in the
motor plenum.
Low-Re k- ε model
The Low-Re k- ε model uses equations (5) & (6) for k and ε respectively far away from the wall
and involves modifications to the k and ε-equation in the near wall region. The equations are
modified using algebraic functions to “damp” certain terms in order to correct the wrong behavior
of the original k- ε model near the solid walls. [17]
The transport equations for k and ε in the near wall region are written as follows:𝑢̅𝑗

𝜕𝑘
𝜕
𝜈𝑡 𝜕𝑘
=
((𝜈 + )
) + 𝜈𝑡 𝑆 2 − 𝜀
𝜕𝑥𝑗 𝜕𝑥𝑗
𝜎𝑘 𝜕𝑥𝑗

𝑢̅𝑗

𝜕𝜀
𝜀
𝜕
𝜈𝑡 𝜕𝜀
= (𝑓1 𝐶1𝜖 𝜈𝑡 𝑆 2 − 𝑓2 𝐶2𝜖 𝜀) +
((𝜈 + )
) : 𝑗 = 1,2,3
𝜕𝑥𝑗 𝑘
𝜕𝑥𝑗
𝜎𝜀 𝜕𝑥𝑗

∶ 𝑗 = 1,2,3

(7)
(8)

𝜈𝑡 = 𝐶𝜇 𝑓𝜇 𝑘 2 /𝜀,
The above equations contain 5 constants (𝐶1𝜖 , 𝐶2𝜖 , 𝜎𝑘 , 𝜎𝜀 , 𝐶𝜇 ) and 3 functions (𝑓𝜇 , 𝑓1 , 𝑓2 ) which are
called the damping functions. Depending on the choice of the constants and the damping functions,
there are different types of Low-Re k- ε models. FLUENT has 6 different types of Low-Re k- ε
models namely the Abid model[32], the Lam-Bremhorst model[31] , the Launder-Sharma (LS)
model[29], the Yang-Shih (YS) model[30], the Abe-Kondoh-Nagano (AKN) model[28] and the
Chang-Hsieh-Chen (CHC) model[27]. A short review about these models is given in the FLUENT
theory guide [18] and Patel et al[17].The low Reynolds number model is particularly useful in
Conjugate Heat Transfer analysis problems where near wall effects are complex such as in case of
pipe with fins, ribs, grooves, etc..
3.3 Reynolds Stress Models
Unlike, eddy viscosity models, Reynolds stress models don’t assume isotropic dissipation. Rather,
Reynolds stress models solve six transport equations for the Reynolds stresses under certain
modeling assumptions. These transport equations are obtained by Reynolds averaging the product
of exact momentum equations and a fluctuating velocity. The transport equations [18] for Reynolds
stresses in steady state are shown below in the tensor form:-
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′ ′
̅̅̅̅̅̅̅
𝜕𝑢
̅̅̅𝑘 𝑢
𝑖 𝑢𝑗
= 𝐷𝑇,𝑖𝑗 + 𝐷𝐿,𝑖𝑗 + 𝑃 𝑖𝑗 + 𝜙𝑖𝑗 + 𝜀𝑖𝑗
𝜕𝑥𝑘

∶ 𝑖, 𝑗, 𝑘 = 1,2,3

(9)

Where
𝐷𝑇,𝑖𝑗 = −
𝐷𝐿,𝑖𝑗 =

𝜕
̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅
′ ′
′
′
′
′
̅̅̅̅̅̅̅̅̅̅̅
[𝑢
𝑖 𝑢𝑗 𝑢𝑘 + 𝑝 [𝛿𝑘𝑗 𝑢𝑖 + 𝛿𝑖𝑘 𝑢𝑗 ]] − 𝑇𝑢𝑟𝑏𝑢𝑙𝑒𝑛𝑡 𝐷𝑖𝑓𝑓𝑢𝑠𝑖𝑜𝑛 𝑇𝑒𝑟𝑚
𝜕𝑥𝑘

𝜕
𝜕 ′ ′ ′
̅̅̅̅̅̅̅̅̅̅
[𝜇
𝑝 𝑢𝑖 𝑢𝑗 ] − 𝑀𝑜𝑙𝑒𝑐𝑢𝑙𝑎𝑟 𝐷𝑖𝑓𝑓𝑢𝑠𝑖𝑜𝑛 𝑇𝑒𝑟𝑚
𝜕𝑥𝑘 𝜕𝑥𝑘

′
′
̅̅̅̅̅̅̅̅
𝑃 𝑖𝑗 = [𝑢
𝑖 𝑢𝑘

𝜕𝑢̅𝑗
𝜕𝑢̅𝑖
+ ̅̅̅̅̅̅̅̅
𝑢𝑗 ′ 𝑢𝑘 ′
] − 𝑇𝑢𝑟𝑏𝑢𝑙𝑒𝑛𝑐𝑒 𝑃𝑟𝑜𝑑𝑢𝑐𝑡𝑖𝑜𝑛 𝑇𝑒𝑟𝑚
𝜕𝑥𝑘
𝜕𝑥𝑘

̅̅̅̅̅
𝜕𝑢𝑗 ′
𝜕𝑢𝑖 ′ ̅̅̅̅̅
𝜙𝑖𝑗 = 𝑝 [
+
] − 𝑃𝑟𝑒𝑠𝑠𝑢𝑟𝑒 − 𝑆𝑡𝑟𝑎𝑖𝑛 𝑅𝑒𝑑𝑖𝑠𝑡𝑟𝑖𝑏𝑢𝑡𝑖𝑜𝑛 𝑇𝑒𝑟𝑚
𝜕𝑥𝑗
𝜕𝑥𝑖
′

𝜀𝑖𝑗

′
̅̅̅̅̅̅̅̅̅̅̅̅
𝜕𝑢𝑖 ′ 𝜕𝑢𝑗
= −2𝜇
𝐷𝑖𝑠𝑠𝑖𝑝𝑎𝑡𝑖𝑜𝑛 𝑡𝑒𝑟𝑚
𝜕𝑥𝑘 𝜕𝑥𝑘

(10)
(11)
(12)
(13)

(14)

Of the various terms in the exact equation discussed above, the terms on the LHS, 𝐷𝐿,𝑖𝑗 and 𝑃 𝑖𝑗
don’t require any modeling. 𝐷𝑇,𝑖𝑗 , 𝜙𝑖𝑗 and 𝜀𝑖𝑗 require modeling.
𝐷𝑇,𝑖𝑗 is modeled as –
𝐷𝑇,𝑖𝑗

′ ′
̅̅̅̅̅̅̅
𝜕 𝜈𝑡 𝜕𝑢
𝑖 𝑢𝑗
=
[
]
𝜕𝑥𝑘 𝜎𝑘 𝜕𝑥𝑘

(15)

Where the turbulent viscosity is computed similar to k-ε model.
Depending on how the pressure-strain redistribution term is modeled, Reynolds stress models are
of three types namely the linear pressure-strain, the quadratic pressure strain and the low-Re stressomega model. In this thesis, since only the low-Re stress omega model is used, therefore only the
governing equations for this model is discussed here.
Low –Re Stress-ω Model [26]
The low-Re stress-ω model of Wallin and Johansson [26] uses the ω equation from the standard kω model rather than ε equation from the k- ε model. In this model, the pressure-strain redistribution
term is decomposed as follows:2
1
1
′ ′
̅̅̅̅̅̅̅
𝜙𝑖𝑗 = −𝐶1 𝜌𝛽 ∗ 𝑅𝑆𝑀 𝜔 [𝑢
̂0 [𝑃𝑖𝑗 − 𝑃𝑘𝑘 𝛿𝑖𝑗 ] − 𝛽̂0 [𝐷𝑖𝑗 − 𝑃𝑘𝑘 𝛿𝑖𝑗 ]
𝑖 𝑢𝑗 − 𝛿𝑖𝑗 𝑘] − 𝛼
3
3
3
1
− 𝑘𝛾̂0 [𝑆𝑖𝑗 − 𝑆𝑘𝑘 𝛿𝑖𝑗 ]
3
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(16)

𝜕𝑢𝑗
1 𝜕𝑢𝑖
∗
∗ ∗
′
′ 𝜕𝑢𝑚
′
′ 𝜕𝑢𝑚
̅̅̅̅̅̅̅̅
̅̅̅̅̅̅̅̅
Where, 𝐷 𝑖𝑗 = − [𝑢
𝑖 𝑢𝑚 𝜕𝑥 + 𝑢𝑗 𝑢𝑚 𝜕𝑥 ], 𝑆𝑖𝑗 = 2 [𝜕𝑥 + 𝜕𝑥 ] , 𝛽 𝑅𝑆𝑀 = 𝛽 𝑓 𝛽
𝑘

𝑖

𝛼̂0 =

𝑗

𝑖

8 + 𝐶2
8𝐶2 − 2
60𝐶2 − 4
, 𝛽̂0 =
, 𝛾̂0 =
11
11
55

Also, C1=1.8, C2 =2.5. 𝛽 ∗ 𝑎𝑛𝑑 𝑓 ∗𝛽 are defined in the same way as for k-ω model (refer to fluent
theory guide for further details).
When TKE is needed for modeling specific terms, it is obtained by taking the trace of Reynolds
stress tensor as follows:1

′ ′
̅̅̅̅̅̅̅
𝑘 = 2𝑢
𝑖 𝑢𝑖

To obtain boundary conditions for Reynolds stresses, the following form of the transport
equation for k is used 𝜕𝑘𝑢̅𝑖
𝜕
𝜈𝑡 𝜕𝑘
1
=
((𝜈 + )
) + (𝑃𝑖𝑖 ) − 𝜀
𝜕𝑥𝑖
𝜕𝑥𝑗
𝜎𝑘 𝜕𝑥𝑗
2

(17)

In case of Stress-ω model the dissipation rate tensor is modeled as –
2
𝜀𝑖𝑗 = − 𝛿𝑖𝑗 𝛽 ∗ 𝑅𝑆𝑀 𝑘𝜔
3

(18)

The specific dissipation rate tensor ω is computed in the same way as for a standard k-ω model
and is written below:𝜕𝜔𝑢̅𝑖
𝜕
𝜕𝜔
=
((𝛤𝜔 )
) + 𝐺𝜔 − 𝑌𝜔 + 𝑆𝜔 ∶ 𝑖, 𝑗 = 1,2,3
𝜕𝑥𝑖
𝜕𝑥𝑗
𝜕𝑥𝑗

(19)

Where –
𝜈

𝛤𝜔 = 𝜈 + 𝜎𝑡 , 𝜈𝑡 =
𝑘

𝛼∗ 𝑘
𝜔

, 𝐺𝜔 =

𝛼𝜔
𝑘

𝜈𝑡 𝑆 2 𝑎𝑛𝑑 𝑌𝜔 = 𝛽𝑓𝛽 𝜔2

𝛼 and β are model constants.
This model gives predictions superior to other Reynolds Stress models for flows where the viscous
sublayer must be resolved in order to produce an accurate solution. Jeyapaul[15] recommends this
model for three-dimensional asymmetric diffusers and is used in this thesis for studying the flow
separation in the transition duct .
Energy: In this study, the solution of the energy equation is required only in case of Conjugate
Heat Transfer analysis of the motor. As flow in the cooling tubes of the motor is relatively simple,
eddy viscosity models give reasonably well predictions. So, the energy equation is modeled similar
to the eddy viscosity models. The energy equation for a steady incompressible flow [18] is given
below:15

′ ′
̅̅̅̅̅̅
𝜕𝜃̅
𝜕 2 𝜃̅
𝜕𝑢
𝑖 𝜃
𝑢̅𝑖
= 𝛼𝜃
−
: 𝑖 = 1,2,3
𝜕𝑥𝑖
𝜕𝑥𝑖 𝜕𝑥𝑖
𝜕𝑥𝑖

The

(20)

̅̅̅̅̅̅̅
′ ′
∂u
i θ
∂xi

term is the turbulent heat flux term, which is modeled similar to the Reynolds

stress term in (4).
For conjugate heat transfer analysis of the motor which would be discussed later, the
following steady state conduction equation was solved in the solid domain[18]:1𝜕
𝜕𝑇
1 𝜕
𝜕𝑇
𝜕
𝜕𝑇
{𝑘𝑟 } + 2
{𝑘 } + {𝑘 } + 𝑞̇ = 0
𝑟 𝜕𝑟
𝜕𝑟
𝑟 𝜕𝜙 𝜕𝜙
𝜕𝑧 𝜕𝑧

(21)

3.4 Discretization Schemes and Solver Settings
In order to solve any of the equations (3) to (21) numerically, the individual terms need to be
discretized using finite volume discretization schemes. Once, the equations are discretized on the
computational domain, they are numerically solved by the FLUENT AMG solver (Advanced
Multi-Grid Solver). Table-1 below gives a brief summary of the discretization schemes used for
various terms in the governing equations and the default AMG solver settings. The detailed
description of these schemes and solver settings is beyond the scope of this thesis and could be
found in the FLUENT theory guide [18].
Table 1 Numerical Schemes and FLUENT AMG Solver settings

PressureVelocity
Coupling

Gradient
discretization

Pressure
discretization

SIMPLE

Least square Second order
cell based

Numerical Schemes
Velocity
Internal
discretization Energy
discretization
(applicable in
motor design
problem)
Second order Second order
upwind
upwind

Reynolds
Stress
discretization
(if applicable)

TKE
discretization
(applicable in
EVMs)

Dissipation
rate/ Specific
Dissipation
rate
discretization

Second order Second order Second order
upwind
upwind
upwind

AMG Solver Settings
Pressure

X-Momentum

V-cycle

Flexible
(V,W or
cycle)

Y-Momentum

Z-Momentum

Flexible
Flexible
F (V, W or F (V, W or F
cycle)
cycle)

Internal
Energy
(applicable in
motor design
problem)
F-Cycle

Smoother Type- Gauss-Siedel Smoother
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Reynolds
Stress
(if applicable)

TKE
(applicable in
EVMs)

Dissipation
Rate/ Specific
Dissipation
rate

Flexible
Flexible
Flexible
(V, W or F (V, W or F (V, W or F
cycle)
cycle)
cycle)

Chapter -4
Analysis of the Motor Design Problem
The construction of the induction motor as discussed in chapter-1 has a significant role in
determining the thermal properties of the rotor and the stator material as well as the boundary
conditions. For instance, as the steel core of the rotor and the stator are made of laminations bonded
together by an adhesive, the thermal conductivity of the steel core would be different in the axial
direction from that in the radial and the tangential direction. Therefore, the thermal conductivity
of the steel core can be approximated as cylindrically orthotropic as shown in fig. 7. The values of
the thermal conductivity in the radial, axial and tangential direction were provided by GETransportation.

Fig. 7 Thermal conductivity model of the steel core of the rotor and the stator.

Further, the thermal load of the motor arises mainly due to two phenomena-resistive heating in the
Copper windings and eddy current losses in the steel core. Based on the data provided by GETransportation, the maximum operating thermal load of the rotor was 38.9 kW. Out of this, 77.5%
was due to the resistive heating in the Copper bars and the remaining 22.5% was due to the eddy
current losses in the Steel core. Similarly, in case of stator, the maximum operating thermal load
of the rotor was 64.6 kW. Out of this, 79.4% was due to the resistive heating in the Copper bars
and the remaining 20.6% was due to the eddy current losses in the Steel core. The non-uniform
heat load distribution in the rotor and the stator coupled with the relatively low thermal
conductivity of the steel core makes the thermal analysis of the rotor and the stator a conjugate
heat transfer analysis problem. In a conjugate heat transfer analysis problem, fluid flow (i.e.,
continuity and momentum) equations are solved in the fluid domain while the 3-D conduction
equation is solved in the solid domain.
As discussed in chapter-1, a baseline Conjugate Heat Transfer (CHT) analysis is required in order
to study the temperature distribution in the rotor and the stator and to identify the hottest areas.
Subsequently, cooling solutions could be proposed. Before a baseline CHT analysis could be
performed, it is necessary to know the mass flow distribution in the rotor and the stator tubes.
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Therefore, a CFD analysis of the entry motor plenum is required and is discussed in the proceeding
section.
4.1 CFD analysis of flow through the entry motor plenum
Entry Plenum of the motor receives air from the blower and diverts it to the rotor and the stator
cooling tubes. It acts as a collection chamber/buffer for air coming from the blower and ensures
steady and uniform flow through the rotor and the stator tubes.
The purpose of CFD analysis of the entry plenum was to ascertain the mass flow distribution in
the rotor and the stator tubes for the subsequent Conjugate Heat Transfer Analysis of the motor.
The governing equations (3) to (6) were solved for the central diffuser entry plenum under the
boundary conditions indicated in fig. 8. The central-diffuser entry plenum was so designed as
diverging entry portion of the plenum marginally reduces the pressure loss due to sudden
expansion.
In the real world situation, the rotor rotates while the stator is stationary. The rotation of the rotor
would reduce the flow resistance of the rotor cooling tubes while the resistance of the stator cooling
tubes would remain the same. Consequently, this would alter the mass flow distribution in the rotor
and the stator cooling tubes. Therefore, ideally a steady flow MRF (Multiple Reference Frame)
analysis or an unsteady sliding mesh analysis should be sought for the entry plenum. However,
based on the data provided by GE-Transportation, the operating speed of the motor is 1050 RPM.
At this speed, the decrease in pressure drop due to the rotation of the rotor relative to the case when
the rotor was stationary is only 6.8% .This is within the uncertainty level of CFD results. Hence,
a steady flow analysis approximation with stationary rotor and stator would not incorporate a
significant amount of error. So, a steady flow analysis assuming stationary rotor and stator was
done using the realizable k-ε model with scalable wall function. The realizable k-ε model is used
because it is reasonably good for separated flows.
A preliminary CFD analysis of the motor plenum was done with a coarse mesh (591,200 cells).
Subsequently, a grid convergence study was performed. While the coarse mesh was a conformal
structured mesh, the finer ones were non-conformal structured meshes. Table-2 shows the mass
flow distribution in the rotor and the stator tubes and also their sensitivity to the mesh size.
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Fig. 8 Boundary Conditions for CFD analysis of motor plenum .Note that the interface condition is used in
all cases of the grid sensitivity analysis, except the 591,200 mesh

Table 2 Grid Sensitivity analysis of inlet motor plenum with central-diffuser type entry

2.573kg/s
0.987 kg/s
(38.4% )
1.586 kg/s
(61.6%)

11.2 million
cells
2.568 kg/s
1.015 kg/s
(39.5%)
1.553 kg/s
(60.5%)

15.8 million
cells
2.568 kg/s
1.019 kg/s
(39.7 %)
1.549 kg/s
(60.3%)

18.6 million
cells
2.568 kg/s
1.014 kg/s
(39.50 %)
1.554 kg/s
(60.5%)

28.1 m/s

29.8 m/s

29.8 m/s

29.7 m/s

31.2 m/s

31.2 m/s

31.1m/s

31.2 m/s

1331.8 Pa

990.2 Pa

990.4 Pa

992.4 Pa

S.No.

Parameter/Metric

591,200 cells

1

𝑚̇𝑖𝑛𝑙𝑒𝑡

2

𝑚̇𝑜𝑢𝑡𝑙𝑒𝑡,𝑟𝑜𝑡𝑜𝑟

3

𝑚̇𝑜𝑢𝑡𝑙𝑒𝑡,𝑠𝑡𝑎𝑡𝑜𝑟

4
5
6

𝑉̅𝑜𝑢𝑡𝑙𝑒𝑡,𝑟𝑜𝑡𝑜𝑟
(Area-weighted avg.)
𝑉̅𝑜𝑢𝑡𝑙𝑒𝑡,𝑠𝑡𝑎𝑡𝑜𝑟
(Area-Weighted avg.)
𝑃̅𝑖𝑛𝑙𝑒𝑡,𝑓𝑖𝑛𝑎𝑙
(Area-weighted avg.)

Note that in the table-2 above, 𝑉̅𝑜𝑢𝑡𝑙𝑒𝑡,𝑟𝑜𝑡𝑜𝑟 and 𝑉̅𝑜𝑢𝑡𝑙𝑒𝑡,𝑠𝑡𝑎𝑡𝑜𝑟 are the velocities obtained by taking
area weighted average of velocities across all the rotor and stator holes respectively. Further, since
the gauge pressure at the outlet of the model is zero, therefore, the value of the pressure obtained
at inlet would be equal to the pressure drop through the motor plenum system. The converged
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value of pressure drop was compared with theoretical calculations (details are mentioned in the
appendix-B) and it was found to be within 10%.
From table-2, it is evident that the converged mass-flow distribution in the rotor tubes is
approximately 39.5 % of the total inlet mass flow and in the stator tubes is approximately 60.5 %
of the total mass flow.
Since the rotor is rotating, therefore any non-uniformity in the mass flow distribution in the rotor
tubes would level out as a result of rotation and all of the rotor tubes are expected to have the same
average mass flow distribution. This would not be true for the stator. Table-3 shows the individual
stator tube mass flow rate distribution for the case of 15.8 million mesh and 18.6 million mesh.
.Thus, it is clear that the mass flow distribution in both cases follows the same trend.
Table 3 Tabulated values of Stator mass-flow distribution as a function of Stator hole number for 15.8 million
mesh and 18.6 million mesh

18.6million cells
15.8million cells
18.6million cells
15.8million cells
Stator
Stator
Stator
Stator
Hole
Hole
Hole
Hole
No.
mass flow
No.
mass flow
No.
mass flow
No.
mass flow
1
0.0183
1
0.0180
12
0.0169
12
0.0160
2
0.0187
2
0.0180
13
0.0169
13
0.0159
3
0.0184
3
0.0178
14
0.0168
14
0.0159
4
0.0190
4
0.0183
15
0.0166
15
0.0156
5
0.0188
5
0.0178
16
0.0166
16
0.0157
6
0.0183
6
0.0173
17
0.0167
17
0.0158
7
0.0179
7
0.0169
18
0.0171
18
0.0162
8
0.0177
8
0.0168
19
0.0174
19
0.0166
9
0.0177
9
0.0167
20
0.0178
20
0.0171
10
0.0176
10
0.0166
21
0.0182
21
0.0174
11
0.0141
11
0.0123
22
0.0187
22
0.0178
23
0.0187
23
0.0181
61
0.0171
61
0.0162
24
0.0187
24
0.0181
62
0.0175
62
0.0165
25
0.0186
25
0.0179
63
0.0181
63
0.0171
26
0.0182
26
0.0176
64
0.0188
64
0.0178
27
0.0178
27
0.0174
65
0.0194
65
0.0184
28
0.0172
28
0.0168
66
0.0198
66
0.0188
29
0.0169
29
0.0163
67
0.0200
67
0.0190
30
0.0167
30
0.0159
68
0.0200
68
0.0192
31
0.0166
31
0.0158
69
0.0200
69
0.0191
32
0.0167
32
0.0158
70
0.0198
70
0.0189
33
0.0167
33
0.0158
71
0.0193
71
0.0186
34
0.0169
34
0.0160
72
0.0187
72
0.0181
35
0.0172
35
0.0162
73
0.0180
73
0.0174
36
0.0173
36
0.0163
74
0.0174
74
0.0167
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18.6million cells
15.8million cells
18.6million cells
15.8million cells
Stator
Stator
Stator
Stator
Hole
Hole
Hole
Hole
No.
mass flow
No.
mass flow
No.
mass flow
No.
mass flow
37
0.0176
37
0.0165
75
0.0170
75
0.0163
38
0.0177
38
0.0167
76
0.0169
76
0.0161
39
0.0178
39
0.0168
77
0.0169
77
0.0160
40
0.0179
40
0.0170
78
0.0169
78
0.0161
41
0.0184
41
0.0174
79
0.0172
79
0.0162
42
0.0188
42
0.0178
80
0.0174
80
0.0164
43
0.0190
43
0.0183
81
0.0177
81
0.0166
44
0.0184
44
0.0177
82
0.0178
82
0.0168
45
0.0184
45
0.0179
83
0.0180
83
0.0172
46
0.0167
46
0.0165
84
0.0179
84
0.0169
47
0.0166
47
0.0163
85
0.0182
85
0.0173
48
0.0174
48
0.0169
86
0.0186
86
0.0177
49
0.0188
49
0.0179
87
0.0188
87
0.0180
50
0.0186
50
0.0176
88
0.0174
88
0.0167
51
0.0183
51
0.0172
89
0.0172
89
0.0163
52
0.0180
52
0.0170
90
0.0170
90
0.0164
53
0.0179
53
0.0171
54
0.0176
54
0.0167
55
0.0176
55
0.0166
56
0.0174
56
0.0164
57
0.0172
57
0.0162
58
0.0170
58
0.0161
59
0.0169
59
0.0159
60
0.0168
60
0.0159

4.2 Representative Models for CFD and CHT analysis of the rotor and the stator
Once the mass flow rates were ascertained, two representative models for the rotor and the stator
were developed viz., the hybrid model and the periodic model. In both these models, the following
approximations were made:1> The rotational effect on forced convection through the air gap in the motor is negligible.
2> The thermal conductivity of the steel core of the rotor and the stator could be modeled as
cylindrically orthotropic as discussed in chapter-1. The thermal conductivity values in the
axial, tangential and the radial directions were provided by GE-Transportation. Other
properties of steel like density, specific heat capacity, etc. were modeled as isotropic.
3> The thermal conductivity of copper bars/windings was assumed to be orthotropic.
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4> Since the insulation between the Copper windings/bars and the stator/rotor teeth is very
thin (0.03”), therefore the insulation only acts as an electrical insulation and has negligible
effect as a thermal insulation.
5> A uniform heat generation throughout the bulk volume of the Copper bars/windings and
the Steel core is assumed for both rotor and stator.
A description of the hybrid model and the periodic model is given below:4.2.1 The Hybrid Model
In the hybrid model, the steel teeth of the rotor and the stator and the Copper bars/windings in
between the steel teeth of the rotor/stator were modeled by a composite material which was called
“hybrid” for reference. The material properties of this “hybrid” material like density, thermal
conductivity, specific heat capacity, etc. were calculated by taking mass weighted average of the
properties of Copper and Steel in the region comprising the Steel teeth and the Copper
bars/windings. The hybrid material had properties equal to the volume weighted average of the
Steel teeth and Copper windings/bars. This simplification was necessary to bring down the total
number of mesh elements to within the computational limits of the workstations in the lab. With
hybrid model, the effect of non-uniform air mass flow distribution through the stator tubes on the
stator temperature distribution was taken into account.
Figs. 9 and 10 illustrate the hybrid model. In fig. 9 the original rotor and stator punchings are
shown whereas in fig. 10, the hybrid model of the rotor and the stator punchings derived on the
basis of approximations discussed in the above paragraph is shown. The radial gap between these
punchings after inserting the Copper windings in between the stator teeth and the Copper bars in
between the rotor teeth is 0.08” as shown in fig. 9. In case of rotor, the region between the inner
pitch circle diameter passing through the roots of the steel teeth and the outermost rotor diameter
resulting after the insertion of Copper bars is represented by the “hybrid” material. The remaining
part of the rotor is modelled as steel made of cylindrically orthotropic material.
Similarly in case of stator, the region between the inner diameter resulting after the insertion of
Copper windings and outer pitch circle diameter passing through the roots of the steel teeth is
represented by the “hybrid” material. The remaining part of the stator is modelled as steel made of
cylindrically orthotropic material.
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Fig. 9 Rotor (left) and stator (right) punchings.

Fig. 10 Illustration of the hybrid model for the rotor (left) and the stator (right)
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Table-4 summarizes the material properties used in the hybrid model.
Table 4 Hybrid Model Material Properties description

Material Property
Hybrid

Steel

Density

Type

Rotor

Isotropic & constant

8378 kg/m

Stator
3

8442 kg/m3

Specific Heat Isotropic & Constant 409.7 J/kg-K
Capacity

406.9 J/kg-K

Thermal
Conductivity

Cylindrically
Orthotropic
Constant

kr=kθ=239.5 W/m-K

Density

Isotropic & constant

kr=kθ=218.5 W/m-K
& kz=202.8 W/m-K

kz =225.6 W/m-K

7832 kg/m3

7832 kg/m3

Specific Heat Isotropic & Constant 434 J/kg-K
Capacity

434 J/kg-K

Thermal
Conductivity

kr=kθ=39.0W/m-K

Cylindrically
Orthotropic
Constant

kr=kθ=39.0 W/m-K
& kz =7.8 W/m-K

kz =7.8W/m-K

4.2.2 The Periodic Model
Although the hybrid model can take into account the non-uniform mass flow rate in the stator
tubes, the number of computational nodes required for this model is still quite large (~24 million)
which increases the computational time. Moreover, the details of the teeth geometry could not be
incorporated due to limit the keep the number of nodes within the computational limits. So, instead
of modeling the complete rotor/stator core, only a pie-slice representative of the entire core of the
rotor/stator (as shown in fig. 9) was modeled & rotational periodic boundary condition was applied
as shown in fig 12. The advantage with periodic model was that the total number of computational
elements was half of the hybrid model. Moreover, it could fully represent the teeth and the
windings individually instead of modeling them with a hybrid material. An important
approximation in the periodic model is that the mass flow rates through the stator tubes are equal.
In order to decide which model is better for baseline predictions and future analysis, it was
necessary to determine whether the equal mass flow rate approximation through the stator tubes
in the periodic model significantly affects the accuracy of temperature prediction and whether the
error is within the level of uncertainty associated with CFD simulations.
4.2.3 Comparison of Hybrid Model results with Periodic Model results
CFD and Conjugate Heat Transfer (CHT) analysis of hybrid model and the periodic model was
done assuming no convection in the air gap and system mass flow rate to be 2.568 kg/s. The
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convection in the air gap is a boundary condition that needs to be determined iteratively and is
therefore, considered once which of the two models is better, is determined. The boundary
conditions for CFD and CHT analysis of the hybrid model are shown in fig. 11 (a) and (b) below:-

Fig. 11 Boundary conditions for (a) The rotor and (b) The Stator for the hybrid model
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The boundary conditions for the periodic model are shown in fig. 12 below:-

Fig. 12 Boundary conditions for (a) The rotor and (b) The Stator for the periodic model

A comparison of the results of the CHT analysis of the hybrid model and the periodic model are
shown in figs. 13 to 16. Only a comparison of the most important results are shown for brevity.
Fig. 13 and 14 show the temperature contours at the inner Cu wall of the stator for the hybrid
model and the periodic model respectively. The highest temperature in the stator was found to
occur on this inner Copper wall and is 213.3 0C from periodic model and 206.90C from hybrid
model. Fig. 15 and 16 show the temperature contours at the outer Cu wall of the rotor for the hybrid
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model and the periodic model respectively. The highest temperature in the stator was found to
occur on this outer Copper wall and is 189.3 0C from periodic model and 184.60C from hybrid
model.

Fig. 13 Temperature contours on the inner Copper wall of the stator resulting from CHT analysis of hybrid
model of the stator.

Fig. 14 Temperature contours on the inner Copper wall of the stator resulting from CHT analysis of periodic
model of the stator.
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Fig. 15 Temperature contours on the Outer Copper wall of the rotor resulting from CHT analysis of hybrid
model of the rotor.

Fig. 16 Temperature contours on the Outer Copper wall of the rotor resulting from CHT analysis of periodic
model of the rotor.

Upon comparing the results of the two models as shown above, it is evident that the difference
between temperature predictions of the two models is less than 5% and the temperature contours
are almost similar. Moreover, the temperature predictions of the periodic model were on a higher
side. Hence, any design modifications analyzed using the periodic model would give a
conservative prediction of the reduction of temperatures. So, periodic model was used for
subsequent analysis.
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4.3 Baseline CHT analysis with Periodic Model
In order to do the baseline calculations for CHT analysis, first the mass flow correction through
the rotor and the stator as a result of air flow through the annulus/air gap needs to be done. This
was done using continuity and friction laws for pipes in parallel. The details of this are mentioned
in appendix-C. Next, the boundary condition at the air-gap needs to be determined. This was done
through the following iterative procedure:(a) Run the CHT analysis of periodic model of the stator using the boundary conditions shown
in fig. 12 (b) above.
(b) Run the CHT analysis of periodic model of the rotor using the boundary conditions shown
in fig. 12 (a) above
(c) Compute the area weighted average temperature of the inner Copper wall of the stator
obtained from CHT analysis in step (a)
(d) Compute the area weighted average temperature of the outer Copper wall of the rotor
obtained from CHT analysis in step (b)
(e) Run the heat transfer analysis of the annulus enclosing the air gap under the boundary
conditions as shown in fig. 17 below. Use the area weighted average temperatures
determined in step (c) and (d) as constant surface temperature boundary conditions at the
two surfaces of the annulus which correspond to the outer rotor Copper wall and the inner
Stator Copper wall.
(f) Obtain the area weighted average heat fluxes at the outer rotor Copper wall and the inner
stator Copper wall from the heat transfer analysis of the annulus.
(g) Repeat steps (a) and (b) using the area-weighted average heat flux values obtained in (f).
(h) Repeat steps (c) to (f) to obtain the values of heat flux for the next iteration.
(i) Repeat steps (a) to (f) until convergence.

Fig. 17 Boundary Conditions for Heat Transfer Analysis of the annulus
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The results of iterations (a) to (i) is summarized in the table-5 below:Table 5-Baseline CHT analysis of the rotor and the stator at the design flow rate
Iter.
No.

Boundary
condition
on
Cu Wall for
CHT analysis
of
smooth
Rotor

Boundary
condition
on
Cu Wall for
CHT analysis
of
smooth
Stator

T max, rotor

T max, stator

Boundary condition
for annulus

Heat flux boundary condition
obtained from heat transfer
analysis of annulus/air-gap

1

Insulated

Insulated

189.30C

213.30C

Tavg, rotor-1 =178.40C

q”avg, rotor Cu-1 =1011.4W/m2

Tavg, stator-1 =2010C

q”avg, stator Cu-1 =2527.5 W/m2

Tavg, rotor-2 = 171.50C

q”avg, rotor Cu-2 =1046.2 W/m2

Tavg, stator-2 =189.60C

q”avg, stator Cu-2 = 2259.8 W/m2

Tavg, rotor-3 = 172.20C

q”avg, rotor Cu-3 =1002.6W/m2

Tavg, stator-3 =1920C

q”avg, stator Cu-3 = 2344.0W/m2

Tavg, rotor-4 = 172.40C

q”avg, rotor Cu-3 =1029.6W/m2

Tavg, stator-4 =191.60C

q”avg, stator Cu-3 = 2317.2W/m2

2
3
4

-q”avg, rotor Cu-1 -q”avg, stator Cu-1 181.60C
-q”avg, rotor Cu-2 -q”avg, stator Cu-2 182.30C
-q”avg, rotor Cu-3 -q”avg, stator Cu-3 182.60C

201.20C
203.90C
203.50C

Thus, it is evident from the baseline CHT analysis results in table-5 above that the maximum
temperature in the stator exceeds 2000C while the maximum rotor temperature is also quite high
(182.60C). Therefore, the rotor and the stator require heat transfer enhancement in order to work
sufficiently below 2000C. Fig. 18 shows the temperature contours after the last iteration in table-5

Fig. 18 Temperature contours on the outer Copper wall of the rotor (left) and the inner Copper wall of the
stator (right) resulting from CHT analysis of periodic model of the stator.
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4.4 Study of Heat Transfer Enhancement Methods
In this study, three most common types of heat transfer enhancement methods were studied namely
transverse ribs, transverse grooves and longitudinal fins. It is to be noted that helical
ribs/grooves/fins provide higher heat transfer enhancement for a given pressure drop rather than
their purely longitudinal or purely transverse counterparts. However, citing manufacturability
constraints, helical ribs/grooves/fins were not considered as possible heat transfer enhancement
solutions.
4.4.1 Internal Fins:Internal fins are commonly used to enhance heat transfer in tubes with a liquid or pressurized gas
as a coolant [9]. Fig. 19 shows a typical internally finned tube. Jensen and Vlakancic[7] developed
experimental correlations to study the performance of internally finned tubes for high fins
(H>0.06) as well as for micro-fins (H<0.03).

Fig. 19 Internally Finned tube

The correlations developed by Jensen and Vlakancic simplified for longitudinal fins are shown
below:Friction Factor correlation:
𝑓𝑓𝑖𝑛
𝑙𝑐 −1.25 𝐴𝑛 1.75
(𝑓𝑜𝑟 ℎ𝑖𝑔ℎ 𝑎𝑛𝑑 𝑚𝑖𝑐𝑟𝑜 𝑙𝑜𝑛𝑔𝑖𝑡𝑢𝑑𝑖𝑛𝑎𝑙 𝑓𝑖𝑛𝑠)
=( )
( )
𝑓𝑠𝑡
𝑑𝑖
𝐴𝑥𝑠

(22)

And
Nusselt Number Correlation:
𝑁𝑢ℎ𝑖𝑔ℎ
𝑙𝑐 −0.5 𝐴𝑛 0.8 𝑆𝐴𝑎𝑐𝑡 0.29
=( )
( ) (
)
(for high longitudinal fins (H > 0.06))
𝑁𝑢𝑠𝑡
𝑑𝑖
𝐴𝑥𝑠
𝑆𝐴𝑛

(23)

𝑁𝑢𝑚𝑖𝑐𝑟𝑜
𝑙𝑐 −0.5 𝐴𝑛 0.8 𝑆𝐴𝑎𝑐𝑡 1.0
=( )
( ) (
) (for micro longitudinal fins (H ≤ 0.03))
𝑁𝑢𝑠𝑡
𝑑𝑖
𝐴𝑥𝑠
𝑆𝐴𝑛

(24)
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Where,
𝐴𝑓𝑖𝑛 𝜋
𝑙𝑐 𝐴𝑐𝑜𝑟𝑒
𝐻
𝑠
(1 − 𝐻) +
=
[ (1 − ) −
]
𝑑𝑖
𝐴𝑥𝑠
𝐴𝑥𝑠 𝑁
2
𝐷𝑚𝑒𝑎𝑛

(25)

Also,
𝜋

𝐴𝑐𝑜𝑟𝑒 = 𝐴𝑛 (1 − 𝐻)2,𝐴𝑛 = 4 𝐷2 ,𝐴𝑥𝑠 = 𝐴𝑛 − 𝑁𝑒𝑠 , 𝐴𝑓𝑖𝑛 = 𝐴𝑥𝑠 − 𝐴𝑐𝑜𝑟𝑒
𝑆𝐴𝑎𝑐𝑡 = 𝜋𝐷𝐿 + 2𝑒𝐿𝑁, 𝑆𝐴𝑛 = 𝜋𝐷𝐿
Where A n, A core, A fin, A xs, represent the nominal, core inner fin flow and actual flow areas
respectively of an internally finned tube. e represents fin height and SAn and SAact, represent the
nominal and the actual surface area of an internally finned tube. lc and di represent the characteristic
dimension and inner diameter of an internally finned tube.
One fin from each fin group (high fin and low fin) of Jensen and Vlakancic[7] was selected and
analyzed for heat transfer enhancement using the correlations mentioned in equations (22) to (25)
above. In both cases, the fin type with the least number of fins was selected because the pressure
drop increases with the number of fins. So, it is desired to find out the maximum possible heat
transfer enhancement with the minimum number fins and pressure drop. Finally, the ratio of heat
transfer enhancement to increase in pressure drop for each selected group was determined.
Table-6 below shows the chosen fin groups and a comparison of the heat transfer enhancement
versus the increase in pressure drop for these groups:Table 6 Study of Heat Transfer enhancement versus increase in pressure drop for longitudinal fins
𝒇𝒇𝒊𝒏
(𝟏)
𝒇𝒔𝒕

Fin Group

High Fin:
N=8,e=1.16mm,s=1.0mm,H=0.1

𝑵𝒖𝒇𝒊𝒏
(𝟐)
𝑵𝒖𝒔𝒕

Ratio R=(2)/(1)

1.37

1.21

0.89

Micro Fin:
1.12
N=14,e=2.06mm,s=0.64mm,H=0.17

1.60

1.43

4.4.2 Internal Ribs and Internal Grooves:Ribs enhance heat transfer by increasing the surface area of heat transfer and by increasing the
heat transfer coefficient resulting due to flow stagnation at the rib and then flow separation and reattachment downstream of the rib. Fig. 20 on the next page shows a typical cooling tube with
transverse ribs (left) and the dimensional parameters of a rib (right).
Han et al.[8] developed experimental correlations to predict heat transfer enhancement through ribroughened surfaces. Their experiments were conducted from parallel plate geometry. The
correlations developed by Han et al. [8] for transverse ribs with perpendicular edges (.i.e., the angle
of attack =900) are shown in the next page.
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Fig. 20 Tube with transverse internal rib (left) and dimensional parameters of a rib (right)

Friction Factor Correlation:
2
2𝑒
𝑅𝑒 + = √
+ 2.5 ln ( ) + 3.75
𝑓𝑟𝑖𝑏
𝐷

(26)

4.9

𝑅𝑒 + =
10
(( 𝑝 )
[
𝑒

(27)

−0.13

. 20.57 )
]

Stanton Number Correlation:
𝑆𝑡 =

𝑁𝑢
𝑓𝑟𝑖𝑏
= [
]
(𝑅𝑒 𝑃𝑟)
((𝐻𝑒 + − 𝑅𝑒 + )√2𝑓 + 2)

(28)

Where
𝑒

𝑓𝑟𝑖𝑏

𝐻𝑒 + = 4.5(𝑒 + )0.28 𝑃𝑟 0.57 and 𝑒 + = 𝐷 𝑅𝑒√

2

e+, Re+, He+ represent the roughness Reynolds number, roughness function and heat transfer
function respectively.
The corresponding friction factors and Nusselt numbers for flow between parallel plates can be
computed as follows:𝑓𝑠 = 0.316𝑅𝑒 −0.25

(29)

𝑁𝑢𝑠 = 0.023𝑅𝑒 0.8 𝑃𝑟 0.4

(30)

Grooves are like internal ribs protruding outwards of the pipe surface rather than inwards. Fig. 21
shows a typical cooling tube with transverse grooves (left) and the dimensional parameters of a
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groove (right).They enhance heat transfer by enhancing the heat transfer surface area and by
enhancing turbulent mixing near the wall.

Fig. 21 Tube with transverse internal groove (left) and dimensional parameters of a groove (right)

Bilen et al.[5] developed experimental correlations to predict heat transfer enhancement through
circular, rectangular and trapezoidal grooves. Further, they concluded that out of rectangular
trapezoidal and circular grooves, for a given pressure drop, circular grooves give the maximum
heat transfer enhancement.
Their experimental correlations for friction factor and Nusselt number for pipe with grooves and
original pipe without grooves are shown below:Friction Factor and Nusselt Number for Pipe without grooves
𝑓𝑠 = 1.7964𝑅𝑒 0.344

(31)
1

𝑁𝑢𝑠 = 0.0275𝑅𝑒 0.781 𝑃𝑟 3

(32)

Friction Factor and Nusselt Number for Pipe with grooves
𝑓𝑔𝑟 = 0.0356𝑅𝑒 0.124

(33)
1

𝑁𝑢𝑔𝑟 = 0.0148𝑅𝑒 0.889 𝑃𝑟 3

(34)

Now for the same P/e and e/D ratio, a comparison of the heat transfer enhancement due to internal
square ribs and circular grooves was done using the equations (26) to (34) and the results are
mentioned in table-7 below :Table 7 Comparison of the performance of internal ribs and circular grooves
𝑵𝒖
(𝟐)
𝑵𝒖𝒔𝒕

𝒇
(𝟏)
𝒇𝒔

Type of Heat Transfer Enhancement Method

Ratio
R=(2)/(1)

Internal Ribs:(p/e=4 , e/D=0.083 e/w=1)

4.69

2.53

0.54

Circular grooves: (p/e=4 , e/D=0.083 )

3.04

1.72

0.56
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Thus, from table-7 it can be concluded that grooves give more heat transfer enhancement than ribs
for a given pressure drop.
4.5 Criteria for selecting the heat transfer enhancement method for further analysis
From the results of the analysis summarized in tables 6 and 7, it can be inferred that ratio of heat
transfer enhancement for a given pressure drop (ratio R) decreases from being highest for microfin tubes to high fin tubes, circular grooved tubes and being the lowest for ribbed tubes. However,
the client (GE-Transportation) didn’t have adequate manufacturing precision and capability to
machine the micro-fins. Though high fins were machinable, their cost would be higher than that
for machining circular grooves. Therefore, according to the client, high longitudinal fins should
be explored as a heat transfer enhancement solution only if circular grooved tubes were unable to
provide sufficient heat transfer enhancement at the operating point for the rotor/stator temperatures
to be below 2000C. Therefore, circular grooves were used for further analysis.
4.6 Choosing a suitable turbulence model for the chosen heat transfer enhancement solution
Flow near the wall in a grooved pipe is complex and the flow field is highly dependent on the
groove shape. Therefore, it is necessary to select a turbulence model which could predict the heat
transfer results to within 25% from the results obtained from experimental correlations as the
correlations themselves have the same level of uncertainty. To the best of author’s knowledge,
there has been no computational study on circular grooved pipe flow which could suggest a
suitable turbulence model for modeling these flows. Since the flow near the wall has a relatively
much lower Reynolds number than the flow in the outer region, therefore, turbulence models like
standard k-ε, k-ω, etc. wouldn’t be able to predict these flows. This is because these models give
good predictions when the Reynolds number is sufficiently high. This problem was addressed by
low Re k-ε models as discussed in chapter-2.
FLUENT provides 6 different low Re k-ε models. It is to be determined which of these models
work the best for predicting the flow for a circular grooved tube and whether there exists a
universal turbulence model for all groove shapes. Heat transfer analyses of axisymmetric pipes
having circular, rectangular and trapezoidal grooves were performed with each of the 6 models.
Table-8 shows the results of performance of different turbulence models for different groove
shapes.
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Table 8 Comparison of the performance of Re k-ε models for different groove shapes
Type of LowRe k-ε model

Rectangular Grooved Pipe

(N=110, P=7.9375 mm)

Friction Factor for
the entire length of
the pipe
f=ΔP/{ (L/D) ρ V2/2}

0.109
0.009

Area
Weighted
Average
Nusselt No. at
Wall
272.16
Diverged

Friction Factor for
the entire length of
the pipe
f=ΔP/{ (L/D) ρ V2/2}

170.31

0.085

[4]. Yang-Shih

142.89

[5]. AbeKondohNagano
[6]. ChangHsieh-Chen

Trapezoidal Grooved Pipe

(N=87 ,P=9.922 mm)

Friction Factor for
the entire length of
the pipe
f=ΔP/{ (L/D) ρ V2/2}

0.116
Diverged

Area
Weighted
Average
Nusselt No.
at Wall
319.20
387.31

260.94

0.088

404.21

0.118

0.085

163.55

0.079

246.61

0.133

165.39

0.118

276.49

0.126

349.20

0.192

253.46

0.106

251.77

0.112

304.48

0.161

Experimental
Results

179.83

0.139

199.16

0.136

196.74

0.136

% Deviation
from
Experimental
Results

[1]. 69.9%
[2]. -78.5%
[3]. -5.3%
[4]. -20.5%
[5]. -8.0%
[6]. 40.9%

[1]. Abid
[2]. LamBremhorst
[3]. LaunderSharma

Area
Weighted
Average
Nusselt No. at
Wall
305.6
38.72

Circular Grooved Pipe

(N=110, P=7.9375mm)

[1]. -21.2%
[2]. -93.2%
[3]. -38.6%
[4]. -39.1%
[5]. -15.4%
[6]. -23.9%

[1]. 36.6%
[2]. ----[3]. 31.0%
[4].-17.9%
[5]. 38.8%
[6].26.4%

[1].
[2].
[3].
[4].
[5].
[6].

-14.5%
------35.8%
-42.1%
-7.3%
-17.8%

[1]. 62.2%
[2]. 96.9%
[3]. 105.4%
[4]. 25.4%
[5]. 77.5%
[6]. 54.8%

0.175
0.187

[1].
[2].
[3].
[4].
[5].
[6].

Thus, from the results of table-8, it is evident that the accuracy of a turbulence model highly
depends on the groove shape. For rectangular grooves, AKN model gives the most accurate
predictions. For Trapezoidal grooves, Y-S model gives the most accurate predictions while for the
circular grooves CHC model gives the most accurate predictions.
4.7 Parametric analysis of the chosen heat transfer enhancement solution (circular grooves)
Once the circular grooves were selected as a heat transfer enhancement solution, it is important to
perform a parametric analysis of the circular grooves so that the required heat transfer enhancement
could be obtained at minimum possible increase in pressure drop. As shown in fig. 18, the hottest
region in the rotor and the stator lies in the latter half of the axial length of the rotor/stator with
respect to the front/inlet plenum. So, only the latter half of the axial length of the rotor/stator tubes
need to be provided heat transfer enhancement through grooving as the steady state temperatures
in the former half of the motor are below 2000C.Further, the effect of groove depth on heat transfer
enhancement and pressure drop needs to be found out for optimum groove depth. Axisymmetric
heat transfer parametric analyses at the design flow rate were performed with varying groove depth
and halving the groove length. CHC model was used in each case. Table-9 summarizes the results
of this analysis.
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28.5%
36.9%
-13.4%
-2.4%
41.1%
15.9%

Smooth Pipe
(S.P.)

Table 9 Results summary of parametric analysis of circular grooves
Circular Grooved
Circular Grooved
Circular Grooved
Circular Grooved
Pipe[1]
Pipe[1]
Pipe
Pipe
Full length grooved
Half-length
Half-length
Half-length
(P= Dpipe/3 N=110
grooved (P=
grooved (P=
grooved (P=
Groove Depth d=
Dpipe/3 N=55
Dpipe/4 N=71
Dpipe/2 N=36
Dpipe/12~1.98mm)
Groove Depth d=
Groove Depth d=
Groove Depth d=
Dpipe/12~1.98mm)
Dpipe/24~1mm)
Dpipe/6~3.96mm)

Circular Grooved
Pipe
Half -length
grooved (P~
Dpipe/5 N=86
Groove Depth d=
Dpipe/48~0.5mm)

Surface
Nusselt
No.

Pressure
Drop

Surface
Nusselt
No.

Pressure
Drop

Surface
Nusselt
No.

Pressure
Drop

Surface
Nusselt
No.

Pressure
Drop

Surface
Nusselt
No.

Pressure
Drop

Surface
Nusselt
No.

Pressure
Drop

114.9

503Pa

246.0

2691.3 Pa

181.1

1550.2
Pa

156.9

1106.6
Pa

193.6

2287 Pa

125

574.5 Pa

-

114%
more
than
S.P.

5.4 times
of S.P.

57.5%
more
than
S.P.

3.1 times
of S.P.

36.5%
more
than
S.P.

2.2 times
of S.P.

68.4%
more
than
S.P.

4.5 times
of S.P.

8.7%
more
than
S.P.

1.1 times
of S.P.

-

R=0.39

R=0.51

R=0.62

R=0.37

R=0.95

From table-9 above, it can be concluded that the case highlighted in yellow above is the most
appropriate for heat transfer enhancement in the rotor/stator tubes because it has a high R-value
and is therefore selected for further analysis. The rest of the cases either have too high pressure
drop (too low R-value) or too less heat transfer enhancement. For instance, R-value is highest for
the case in the last column in table-9. However, the heat transfer enhancement is too little to cause
significant reduction in temperature.
4.8 System-level analysis with the possible heat transfer enhancement solutions
In this section, the heat transfer enhancement solution selected above is analyzed on a system
level. Fig. 22 shows the pressure drop of the various components of the cooling system at the
design mass flow rate of 4000 SCFM. From fig. 22, it is evident that almost all of the pressure
drop of the system occurs in the radiator, the rotor and stator tubes and the entry and exit
plenums of the motor provided that the transition duct between the exit plenum of the motor
and the radiator is designed in such a way that the static pressure recovery in the duct is zero.
The variation of each component’s resistance to flow was calculated as a function of volume
flow rate for the case with smooth tubes (case-1), tubes with half of the axial length grooved
and groove depth half of that used by Bilen et al. [5] (case-2) and tubes with half of the axial
length grooved and groove depth same as used by Bilen et al. [5] (case-3). The details are
mentioned in appendix-D. When the system resistances for cases- 1, 2 and 3 were plotted along
with the blower characteristics provided by Hunt engine (a GE-Transportation’s vendor), the
operating point for case-1 was found to be 4800 CFM . For case-2, it was 4400 CFM and for
case-3 it was 4250 CFM. These are shown in fig. 23 In order to find out which of the above 3
cases give the lowest operating temperatures, CHT (Conjugate Heat Transfer) analysis needs
to be done for each of them. Based on the feedback received from GE-Transportation, it is
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desired that case-3 be avoided as deeper grooves tend to interfere with the magnetic flux in the
rotor and the stator causing increase in internal heat generation in the motor. Further, it has a
lower R-value than case-2.

Fig. 22 Pressure drop through the various components of the system at the design mass flow rate
System Resistance-smooth tubes
Blower Characteristics
System Resistance-Half Length Grooved
System resistance with grooves of half groove depth

Pressure Head/Resistance (inches of H20)

System Analysis
60
50

H=1.796*(4.984x10-4 Q)2 +1.277*(4.984x10-4 Q)2.124

40

H=1.796*(4.984x10-4 Q)2 +0.912*(4.984x10-4 Q)2.124

30
20
H=2.072*(4.984x10-4 Q)2

10

0
0

1000

2000

3000

4000

5000

6000

7000

8000

9000

Flow Rate (CFM)
Fig. 23 System resistance as a function of volume flow rate plotted along with blower characteristics. Q is the
volume flow rate in CFM
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4.9 CHT analysis with the possible heat transfer enhancement solutions
To begin with, the CHT analysis of cases-1 and 2 were done with insulated boundary condition at
the air-gap. Once the best heat transfer enhancement solution is identified, then iterations could be
done using the procedure discussed in section 3.3
4.9.1 CHT analysis of case-1-smooth tube with operating point at 4800 CFM.
The boundary conditions for this case are same as shown in fig.12 (a) and (b) except that the mass
flow rate now corresponds to the operating point. The results of the conjugate heat transfer analysis
for this case for the stator and the rotor are shown in figs. 24 (a) and (b) respectively.

(a)

(b)

Fig. 24 Temperature Contours obtained from CHT analysis of stator and rotor for case-1 on (a) inner Cu
wall of the Stator and (b) outer Cu wall of the rotor

4.9.2 CHT analysis of case-2- tubes with half of the axial length grooved and groove depth
half of that used by Bilen et al.[5] ( ~1mm)
The boundary conditions for this case are shown in figs. 25 (a) and (b). The optimum mesh size
for this geometry was determined from the analysis detailed in appendix-A. Note that in case of
rotor, the minimum pie-slice representative of the entire geometry was 600 (as the total number of
stator teeth are 78 in a full circle) .However, with grooved pipes on a 600 pie-slice, the
computational elements would be over 100 million. So, a geometrically modified 100rotor (with
72 teeth in a complete circle) pie-slice with the same volumetric heat generation rate as the original
pie-slice was used for CHT analysis instead. The difference maximum rotor temperatures predicted
by the two pie-slices was less than a degree, so this is a good approximation. The details are omitted
here for brevity. The total number of computational elements in the rotor and the stator were close
to 22 million cells in each case. The results of the CHT analysis are shown in Fig. 26 (a) and (b).
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Fig. 25 Boundary Conditions for CHT analysis of case-2 for (a) Stator and (b) rotor.
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Fig. 26 Temperature Contours obtained from CHT analysis of stator and rotor for case-2 on (a) inner Cu
wall of the Stator (left) and (b) outer Cu wall of the rotor (right)

On comparing figs. 24 (a) and (b) with figs. 26 (a) and (b), it is evident that case-2 has better heat
transfer enhancement than case-1 for both the stator and rotor. So, iterations for the air-gap
boundary condition shall be done using case-2.
4.9.2.1 Refinements to the CHT analysis of case-2- tubes with half of the axial length grooved
and groove depth half of that used by Bilen et al.[5] ( ~1mm)
In the CHT analysis of case-2 discussed above, the temperatures in the rotor and the stator would
obviously be over-predicted due to the insulated boundary condition. Therefore, iterations for the
air-gap boundary condition similar to that discussed in section-3.3 need to be performed. However,
there is one important difference between the iterative procedure listed in section 3.3 and the one
used for this analysis. Instead of using area-weighted average temperatures and area-weighted
average heat fluxes, UDFs (User Defined Functions) were written to apply the constant surface
temperature profile boundary condition in the annulus and constant wall heat flux profile boundary
condition in the rotor/stator. This was done for greater accuracy in temperature predictions and
because of the fact that wall heat flux decays rapidly with axial distance along the pipe. This effect
could not be incorporated by a constant area-weighted averaged heat flux.
The result of this analysis is shown in table-10 on the next page.
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Table 10 Iterations for obtaining the actual heat transfer enhancement for Case-2

Iter.
No.

Boundary
Condition on
Cu wall for
CHT
analysis of
HalfGrooved
Rotor

Boundary
Condition on
Cu wall for
CHT analysis
of HalfGrooved
Stator

Tmax, rotor

Tmax, stator

Boundary Condition for air-gap

Heat Flux Boundary Condition
obtained from Heat Transfer
analysis of air gap

1

Insulated

Insulated

172.10 C 184.20C

T wall, stator, 1 = 21.12z6 +
1047.6z5 - 2356.6z4 +
1682.9z3 - 452.42z2 +
63.49z + 441.44
T wall, rotor, 1 = 137.81z6 +
367.42z5 - 1221z4 + 926.8z3
- 255.32z2 + 47.68z + 431.4
T wall, stator, 2 = 1172z5 2415z4 + 1609.1z3 – 438.34
z2 + 62.93z + 437.84
T wall, rotor, 2 = 965.6z5 1942z4 + 1276.8z3 – 375.01
z2 + 53.76z + 429.21

q” wall, stator, 1 = -49398z4 +
47560z3 -25897z2 + 4510.5z
-298.88
q” wall, rotor, 1 = -55930z4
+55641 z3 - 27900z2 +
4324.8z +699.9
q” wall, stator, 2 = -34272z4 +
40182z3 -25354z2 + 2846.9z
-352.91
q” wall, rotor, 2= -54694z4
+70240 z3 - 37726z2 +
5275.4z +406.44

2

q” wall, rotor, 1 q” wall, stator, 1

159.50C

173.90C

3

q” wall, rotor, 2 q” wall, stator, 2

159.60C

172.90C

T wall, stator, 3 = 1081.9z5 –
2264.4z4 + 1541.4z3 –
426.79 z2 + 60.63z + 437.16
T wall, rotor, 3 = 866.4 z5 –
1792.4z4 + 1217.1z3 –
358.1z2 + 51.6 z + 428.6

q” wall, stator, 3 = -37257z4 +
39850z3 -23154z2 + 2704.5z
-339.97
q” wall, rotor, 3 = -51497z4 +
60375z3 -31566z2 + 4371.3z
+442.13

4

q” wall, rotor, 3 q” wall, stator, 3

159.30C

172.90C

T wall, stator, 4 = 1083.8z5 –
2268.4z4 + 1544.2z3 –
427.38 z2 + 60.6z + 437.15
T wall, rotor, 4 = 884.9 z5 –
1812.2z4 + 1213.2z3 –
353.2z2 + 51.05 z + 428.4

q” wall, stator, 4 =-36359z4 +
39015z3 -23092z2 + 2715.5z
-349.18
q” wall, rotor, 4 = -52813z4 +
63447z3 -33305z2 + 4619.4z
+442.5
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4.9.2.2 Modifications in the design used in case-2- tubes with half of the axial length grooved
and groove depth half of that used by Bilen et al.[5] ( ~1mm)
In order to further improve the performance of design used in case-2, a geometric modification
was done-the half-grooved cooling tubes in the rotor and the stator were diametrically shifted by
2” towards the Copper bars and windings respectively. This modification is illustrated in figs. 27
and 28.

Fig. 27 Initial Half-grooved stator punching (left) and the modified half-grooved stator punching (right). The
highlighted region denotes Copper windings.

Fig. 28 Initial Half-grooved rotor punching (left) and the modified half-grooved rotor punching(right). The
highlighted region denotes Copper bars.

The rationale for this modification was that since, the Copper windings/bars in the stator/rotor
account for approximately 80% of heat generation in the stator/rotor, shifting the cooling tubes
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towards the Copper region in the stator/rotor would reduce the thermal gradients as the thermal
conductivity of steel is relatively low. The boundary conditions used for the CHT analysis of this
design were same as those in fig. 25 The results of the CHT analysis for this case are shown in fig.
29 below :-

Fig. 29 Temperature Contours obtained from CHT analysis of stator and rotor for modified design using
case-2 on (a) inner Cu wall of the Stator (left) and (b) outer Cu wall of the rotor (right)

Thus, it is evident that this design modification provides the best heat transfer enhancement of all
the heat transfer enhancement solutions proposed so far. Even with insulated boundary condition,
the maximum temperature in the stator is 169.40C and in the rotor is 1470C. Since, this design is
identical to the design discussed above with respect to the mass flow distribution in the rotor, the
stator and the air gap, therefore, it is expected to give the same reduction in temperatures when the
correct boundary condition in the air gap is iteratively determined. Table-11 shows the results of
iterations for the air gap boundary condition. Thus, from table-11, it can be concluded that the
maximum temperature in the stator for this design would further reduce by 9 0C from the insulated
case to 160.40C. Similarly, the maximum temperature in the rotor for this design would further
reduce by 5.1 0C from the insulated case to 141.90C
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Table 11 Iterations for obtaining the actual heat transfer enhancement for Modified Case-2

Iter.
No.

Boundary
Condition on
Cu wall for
CHT analysis
of HalfGrooved
Rotor_new

Boundary
Condition on
Cu wall for
CHT analysis
of HalfGrooved
Stator_new

Tmax, rotor

Tmax, stator

Boundary Condition for
air-gap with corrected
mdot

Heat Flux Boundary Condition
obtained from Heat Transfer
analysis of air gap with corrected
mdot (0.0746kg/s)

1

Insulated

Insulated

1470C

169.40C

q” wall, stator, 1 = -30409z4 +
25522z3-17505z2+3864.4z727.09
q” wall, rotor, 1 = -43090z4 +
43573z3-25727z2+5745.5z +
911.57

2

q” wall, rotor, 1

q” wall, stator, 1

142.50C

159.80C

3

q” wall, rotor, 2

q” wall, stator, 2

141.30C

160.50C

T wall, stator, 1 =1198.8z52581.1z4+1778.9z3438.24z2+53.49z+425.2
6
T wall, rotor, 1 =972.2z52098.5z4+1451.9z3357z2+39.62z+407.62
T wall, stator, 2 =1251.9z52578.8z4+1696.9z3421.5z2+51.07z+ 422.36
T wall, rotor, 2 =1152.8z52362.7z4+1564z3407.32z2+ 45.19z+
410.63
T wall, stator, 3 =1228.6z52577.2z4+1747.7z3453.21z2+53.89z+
423.81
T wall, rotor, 3 =1080.6z52261.2z4+1540.1z3410.7z2+45.29 z+
409.24

4

q” wall, rotor, 3

q” wall, stator, 3

141.90C

160.40C

T wall, stator, 4 = 1239.7z5 2596.1z4 + 1755z3 452.24z2 + 53.59z +
423.5
T wall, rotor, 4 = 1098.6z5 2285.2z4 + 1542.6z3 406.64z2 + 44.67z +
409.75

q” wall, stator, 4 = -31097z4 + 34855
z3- 23066z2+3910.2z – 671.42
q” wall, rotor, 4 = -49345z4 + 63915
z3- 37350z2+6842.6z + 553.9
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q” wall, stator, 2 = -31490z4 + 38512
z3- 26237z2+4354.7z – 571.59
q” wall, rotor, 2 = -58759z4 + 82436
z3- 48068z2+8730.3z+407.53

q” wall, stator, 3 = -31433z4 + 34854
z3- 22684z2+3797.3z – 708.84
q” wall, rotor, 3 = -48310z4 + 61601
z3- 35893z2+6581.6z + 596.54

4.10

Evaluation of the design at different altitudes

With increase in altitude, the ambient air temperature decreases and so does the density of air. As
per the project design requirements, the cooling system design needs to be evaluated at altitude
ranging from 0 to 6000ft and temperature ranging from 0 to 450C. It is known that the oil
cooler/radiator cools the oil to a temperature well below 2000C. So the variation in the mass flow
rate due to density variation with respect to altitude would not significantly affect the radiator
performance. Moreover, the flow in the transition duct is independent of Reynolds number for
sufficiently high Reynolds number (~50,000 here) which is true in this case. Therefore, only the
motor design needs to be evaluated at different altitudes.
So far, the density of air at sea level and at 450C is considered for analysis. If any design that keeps
the motor temperature below 2000C considering 450C ambient temperature and density
corresponding to 6000 ft altitude, then it would successfully work at all other ambient temperatures
and altitudes lower than 6000 ft. Thus, even though it is a fictitious case as the temperature would
rarely be 450C at 6000ft, yet it is effective as a test case for testing the designs discussed in section
4.9.2. Moreover, only CHT analysis of stator is done as the maximum temperature in each case
occurs in the stator.
CHT analyses for the stator designs discussed in 4.9.2.1 and 4.9.2.2 were performed under the
mass flow rate corresponding to the density at 450C and 6000ft altitude (0.8913 kg/m3) and other
boundary conditions as shown in fig. 25(a). It must be noted that the air gap convection is not
taken into account and an insulated boundary condition is considered. The results of these CHT
analyses are shown in fig. 30 (a) and (b) respectively.

(a)

(b)

Fig. 30 Temperature Contours on inner Cu wall of the Stator obtained from CHT analysis of (a) with half of
the axial length grooved and groove depth half of that used by Bilen et al. [5] ( ~1mm) and (b) design in (a) with
Pitch circle diameter of tubes shifted by 2” towards the Copper windings.

From figs. 30 (a) and (b) it is evident that the modified design in which the stator tubes is half
grooved with circular grooves of 1mm depth and in which the tubes are shifted by 2” towards the
Copper windings gives a maximum temperature of 198.80C even with the insulated boundary
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condition. Whereas, the case in which the tubes are not shifted gave the maximum temperature to
be 213.20C. Based on the experience of the iterative studies carried out in the previous sections, it
is expected that the maximum temperature considering the air gap convection would be 5-100C
less than the maximum temperatures in figs. 30 (a) and (b) . Therefore, the design in which half
of the axial length is grooved with circular grooves of 1mm depth and in which the tubes are shifted
diametrically by 2” is the best and the safest design under the given range of operating conditions.
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Chapter -5
Analysis of the Transition Duct Design Problem
Existing designs of the fracking drive equipment were equipped a radiator fan which provided the
flow of cooling air to the oil cooling radiator. Fig. 31 (a) shows the image of one such radiator. As
the transition duct would replace the radiator fan in future designs, any acceptable design of the
transition duct with a perforated flow plate should provide a forward flow distribution at the
radiator face which is at least as good as that provided by a radiator fan. Moreover, as shown in
fig. 31 (b) the radiator fan results a near field velocity profile [16] which is quite momentum
deficient near the center of the radiator and has very high momentum towards the periphery. It is
desired that the velocity profile at the exit of the transition duct, i.e., at the radiator face should be
more uniform as compared to the fan velocity profile.
5.1 Estimation of Forward Flow area at the radiator face in case of a fan
(a)

(b)

Fig. 31 (a) Picture of GE-Transportation’s Radiator Fan[4] and (b) Non-dimensional axial fan velocity profile
[16]
at a distance equal to half of the hub diameter.

Using an image-coordinate extracting software, the dimensions of the swept radius of the fan, hub
region (blocked by motor) and peripheral region blocked by the steel covering were estimated from
fig. 8 (a). The schematic is drawn in fig. 32
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Fig. 32 Schematic of radiator with a fan. The green stripes mark the regions with no flow. Note that the
figure is meant to give a schematic of the area calculation of the radiator. Certain distortions (like ellipses
instead of circles) are due to resizing of image.

Total Outlet area = Aoutlet = 1.2192 ∗ 1.2192 = 1.49 m2

(35)

Radiator Fan Area (excluding the area blocked by motor) =
𝐴𝑓𝑎𝑛,𝑜𝑢𝑡𝑙𝑒𝑡 =

𝜋
4

𝜋

(𝐷𝑓𝑎𝑛 2 − 4 Dmotor 2 ) =

𝜋
4

𝜋

(1.22 ) − (0.32 ) = 1.06 𝑚2
4

(36)

Therefore using (35) & (36),
Area at outlet with no flow = 𝐴𝑛𝑜𝑓𝑙𝑜𝑤,𝑜𝑢𝑡𝑙𝑒𝑡 = 𝐴𝑜𝑢𝑡𝑙𝑒𝑡 − 𝐴𝑓𝑎𝑛,𝑜𝑢𝑡𝑙𝑒𝑡 = 0.43 𝑚2
% 𝐴𝑛𝑜𝑓𝑙𝑜𝑤,𝑜𝑢𝑡𝑙𝑒𝑡 =
% 𝐴𝑓𝑙𝑜𝑤,𝑜𝑢𝑡𝑙𝑒𝑡 =

𝐴𝑛𝑜𝑓𝑙𝑜𝑤,𝑜𝑢𝑡𝑙𝑒𝑡
𝐴𝑜𝑢𝑡𝑙𝑒𝑡

𝐴𝑓𝑙𝑜𝑤,𝑜𝑢𝑡𝑙𝑒𝑡
𝐴𝑜𝑢𝑡𝑙𝑒𝑡

(37)

∗ 100 =28.7% (conservative estimate)

∗ 100 =71.3% (conservative estimate)

(38)

Thus, from (38), any acceptable design of the radiator should have a flow area greater than 71.3%.
1000

𝑘𝑔
ℎ

𝑚̇ = 4000𝑆𝐶𝐹𝑀 = 4000 ∗ 455 𝑆𝐹𝐶𝑀= 8791.21 kg/h = 2.44 kg/s
𝑚̇ = 𝜌𝐴𝑜𝑢𝑡𝑙𝑒𝑡,𝑟𝑎𝑑𝑖𝑎𝑡𝑜𝑟 𝑉𝑢𝑛𝑖𝑓𝑜𝑟𝑚,𝑜𝑢𝑡𝑙𝑒𝑡
Taking ρ = 1.16 kg/m3
2.442

Vuniform,outlet = 1.1614∗1.21922 = 1.41

m
s

So, in an ideal case, where there is uniform velocity at outlet, at the given mass flow rate of 4000
SCFM, the uniform velocity at outlet would be 1.41 m/s.
5.2 Baseline CFD analysis of Separated Flow in an asymmetric diffuser
As discussed in chapter-1, the transition duct connecting the exit plenum of the motor to the oilcooler/radiator is expected to have a lot of flow separation. A baseline CFD analysis of the
separated flow in the diffuser under the boundary conditions shown in fig. 33 was done to quantify
this flow separation. The computational geometry for the asymmetric diffuser is shown in fig 34
(a) and (b) below:49

Fig. 33 Boundary Conditions for the 3-D asymmetric diffuser without any distributor plate. Note that the
boundary conditions remain the same for diffuser with distributor plate.

Fig. 34 (a) Top view and (b) Front view of the computational domain .The red line denotes the location of the
oil cooler/radiator in the actual system.

A structured mesh with 13 million cells was generated so that y+<=1. CFD analysis of the above
computational geometry showed that there is highly separated flow in the 2ft diffuser. Fig. 35
shows the plot of axial velocity contour at the oil cooler/radiator plane. A quantitative analysis of
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the axial velocity contour of fig. 35 shows that there is only 37.61% of total area of the oil
cooler/radiator plane has forward flow. This forward flow area further reduces downstream.

Fig. 35 Axial Velocity Contours at the radiator plane of the diffuser without a distributor plate

5.3 Design Methodology of Distributor Plate/Perforated Plate
In order to reduce the flow separation in the transition duct, a flow distributor/perforated plate
must be designed which must meet the following criteria:a) The plate must be designed in such a way that the overall static pressure recovery in the
transition duct is zero.
b) The open area/flow area (or the porosity) of the plate should be ~50-60% based on the
range of values provided by Sahin and Ward Smith[14] and Farell and Xia[13]
c) The plate must be positioned at 0 ≤Z<L/2 as recommended by Schubauer and
Spangenberg[10] where L is the length of diverging portion of the transition duct, in order
to eliminate the flow separation downstream. The plate, if placed at Z>L/2 would not give
sufficient static pressure recovery and would increase the pressure drop which is
undesirable. Also, placing the plate too close to the beginning of the transition section may
cause the flow to separate downstream.
d) The plate must give a forward flow area of 71.3% or more at the oil cooler/radiator plane
as discussed in section 1.5(a) of chapter-1.
Thus, the following are the known parameters for the design of the distributor plate –
a) Porosity (~50-60%)
b) Location (L/2 where L is the length of the diverging part of the transition duct -0.6096m
in this case)
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c) Target uniform velocity at the oil-cooler/radiator plane is 1.414 m/s at a mass flow rate of
2.56787 kg/s
d) Inlet dimensions (0.8m x 0.2254 m , Aspect ratio = 3.55)
e) Outlet/radiator plane dimensions (1.2192m x 1.2192m, Aspect ratio =1 )
It must be noted that the experiments of Schubauer and Spangenberg[10] assumed a uniform
porosity across the span of the plate and their experiments were performed on a Conical diffuser
which is axisymmetric in nature. Sahin and Ward-Smith[14] showed that a plate of variable porosity
could significantly improve the forward flow downstream of the plate. Thus, a perforated plate
with variable hole size would perform better than a plate with uniform hole size.
The fundamental principle by which a perforated plate or a screen eliminates flow separation is jet
coalescence. Small jets emanating from the perforated plate/screen grow axially and coalesce with
each other to give a uniform unseparated forward flow.
To determine the size and the number of holes in the flow distributor plate, we perform a semiiterative analysis as discussed below:Mass flow rate through the transition duct 𝑚̇ = 4000 𝑆𝐶𝐹𝑀 = 2.44 𝑘𝑔/𝑠
2.442

Mean velocity at the radiator plane = 𝑉𝑟𝑎𝑑 = 1.1614∗1.21922 = 1.41 𝑚/𝑠
To start with, let the plate be positioned at Z=L/2 so that there is minimal chance of flow
separation downstream of the plate due to adverse pressure gradient.
Cross-sectional area at Z=L/2 , 𝐴𝑡𝑜𝑡𝑎𝑙 = 𝑥. 𝑦 = 1.0096 ∗ 0.7223 = 0.73𝑚2
Flow area at Z=L/2 with 50% porosity, 𝐴𝑓𝑙𝑜𝑤 = 0.5 ∗ 𝐴𝑡𝑜𝑡𝑎𝑙 = 0.36𝑚2

(39)

2.442

Mean velocity at the front face of distributor plate = 𝑉𝑑𝑖𝑠𝑡𝑟𝑖𝑏𝑢𝑡𝑜𝑟 = 1.1614∗0.36462 = 5.77 𝑚/𝑠
For an axisymmetric jet, the centerline velocity variation is given by the following equation [24]:-

𝑉𝑧
𝑉𝑗𝑒𝑡

=

5.9𝑑𝑗𝑒𝑡
𝑍

(40)

The minimum hole size (d jet, min) of the plate could be estimated from the above equation (40) by
substituting V distributor and V rad for V jet and V z respectively and Z=L/2=0.3048m .This would be
the minimum hole size because any hole size smaller than this would cause more pressure drop
and convert the pressure energy into superfluous kinetic energy at the distributor plate exit. This
is because Vrad is fixed by continuity.
Thus,
𝑑𝑗𝑒𝑡,𝑚𝑖𝑛 =

𝐿
𝑉
2 𝑟𝑎𝑑

5.9.𝑉𝑑𝑖𝑠𝑡𝑟𝑖𝑏𝑢𝑡𝑜𝑟

= 0.012 𝑚
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A hole size bigger than d jet, min could be used as it would simply reduce V distributor. However,
there is also an upper limit to the hole size which could be estimated from the following limiting
case:lim

𝑉𝑧
→1
𝑉𝑗𝑒𝑡

5.9𝑑𝑗𝑒𝑡
→1
𝑍
𝑑𝑗𝑒𝑡,𝑚𝑎𝑥 =

0.3048
= 0.052𝑚
5.9

A hole
Thus,

d jet, min ≤ d hole, plate ≤ d jet, max

Or

0.012m≤ d hole, plate ≤ 0.052 m

(41)

Now, if a plate with relatively small number of holes compared to a mesh or sieve is used in the
transition duct, it is quite obvious to realize that since there would be no flow along the wall
downstream of the plate, therefore the flow would eventually separate. So, slots would be
necessary in the plate along the wall.
In order to determine the slot width, the axial velocity variation of 2-D wall jet could be used as
the slot length, by the virtue of the dimensions of the perforated plate, is much higher than its
width. The decay of maximum velocity of a 2-D plane wall jet in the outer region [25] is given by
𝑉𝑧
𝑍
=[
]
𝑉𝑗𝑒𝑡
𝑑𝑗𝑒𝑡

−0.5

(42)

Again for minimum slot dimension (similar reasoning as d hole, min) substitute V rad and V distributor
for V z and V jet respectively in (42),
Thus,
𝑑𝑗𝑒𝑡,𝑚𝑖𝑛

2
𝐿
𝑉𝑟𝑎𝑑
= [
] = 0.018 𝑚
2 𝑉𝑑𝑖𝑠𝑡𝑟𝑖𝑏𝑢𝑡𝑜𝑟

In the limiting case when V rad tends to V distributor,

𝐿
𝑑𝑗𝑒𝑡,𝑚𝑎𝑥 = 12 = 0.305𝑚
2
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This is an impractical value since the wall jet can’t be half the width of the perforated plate
(0.7223m x 1.0096 m). A possible reason for such a high value is because of the fact that the
velocity decay correlation is only valid for outer region of the wall jet (z/d>30) and not in the inner
region.
Based on the information derived from the above equations, iterations need to be performed for
the hole size (di), the slot widths d slot, x & d slot, y and the number of holes (ni) which satisfy the
following conditions:𝜋
[𝑛1 𝑑1 2 + 𝑛2 𝑑2 2 + . . . +𝑛𝑁 𝑑𝑁 2 ] + 2𝑑𝑠𝑙𝑜𝑡 𝑥 𝑡𝑠𝑙𝑜𝑡 𝑥 + 2𝑑𝑠𝑙𝑜𝑡 𝑦 𝑡𝑠𝑙𝑜𝑡 𝑦 = 𝐴𝑓𝑙𝑜𝑤 = 0.365𝑚2
4

(43)

0.012𝑚 ≤ 𝑑1 , 𝑑2 , … … … 𝑑𝑁 ≤ 0.052m

(44)

0.018𝑚 ≤ 𝑑𝑠𝑙𝑜𝑡 𝑥 , 𝑑𝑠𝑙𝑜𝑡 𝑦 ≪ 0.305𝑚

(45)

It must be noted that all the initial design iterations using CFD analysis to satisfy the conditions
(43), (44) and (45) were performed using the realizable k-ε model because the computational time
is less. For brevity, only two design iterations are shown in the proceeding section which are the
most important for the purpose of analysis and discussion. Moreover, in the initial analysis, nonequilibrium wall functions were used as the mesh was relatively coarse.

5.4 Distributor Plate design-1 – Computational Geometry, CFD analysis, results and
discussion
In design-1 the hole size varies from 0.028m at the center to 0.048 m towards the left and right
periphery. The plate is symmetric about the x and y-axis as shown in fig. 36(a). Fig. 36 (b) shows
the dimensions of the horizontal and the vertical slots. The two horizontal and the two vertical
slots have equal dimensions. The details are given in table-11
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Fig. 36 (a) Geometry and (b) slot dimensions of the Distributor Plate design-1
Table 12 – Details of Geometry of the distributor plate design-1

Hole Diameter

No. of
Holes

Flow Area

Slot Dimensions No. of Flow Area
Slots
Horizontal slot
2
0.051m2
dx= 0.04 m
tx = 0.64 m

d1=0.028m
23
1.42e-2 m2
d2=0.032m
23 x 2 =46 3.69e-2m2
d3=0.034m
23 x 2 = 46 4.18e-2m2
d4=0.042m
17 x 2 = 34 4.71e-2m2
d5=0.044m
17 x 2 = 34 5.17e-2m2
d6=0.046m
17 x 2 = 34 5.65e-2m2
d7=0.048m
17 x 2 = 34 6.15e-2m2
Total Flow area due to holes 0.309m2
Total Flow Area due to holes and Slots
Total Frontal area of the distributor Plate
Porosity/ flow area as % of total area

Vertical slot
dy= 0.02 m
ty = 0.92 m

2

Flow area due to slots
0.309+0.088=0.398m2
1.01x 0.72 = 0.73m2
54.5%

0.037m2
0.088m2

The boundary conditions are same as in fig .33 above. Additionally all the surfaces of the
internal holes and slots are walls. A 5.18 million structured mesh was generated in ICEM CFD
and is shown in fig. 37 (a) and (b) below:-
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Fig. 37 (a) The Computational Domain and (b) Mesh of the Distributor plate inside (a)

CFD analysis of the above design was done using realizable k-ε model with non-equilibrium wall
function. The resulting velocity contours are shown in the fig. 38 below :-

Fig. 38 Axial Velocity Contours resulting from CFD analysis of Distributor Design-1

The following observations can be made from the quantitative analysis of this design:-
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1) The design has approximately 71% of forward flow area and is therefore, almost as good
as the radiator fan.
2) The flow separates partially from the vertical slots (0.02m in width) but not from the
horizontal slots (0.04m in width). Also, the axial velocity downstream of the horizontal
slots is higher than that downstream of the vertical slots. This suggests that the slot width
of the vertical slots, which was tending to the minimum slot width of 0.0183m, needs to be
increased.
Based on the above conclusions, further design improvements were made on design-1 and a
new design designated as design-2 was prepared and is discussed in the next section.
5.5 Distributor Plate design-2 – Computational Geometry and CFD analysis
In design-2 the hole size varies from 0.026 m at the center to 0.048 m towards the left and right
periphery. The plate is symmetric about the x and y-axis as shown in fig. 39(a). Fig. 39 (b)
shows the dimensions of the horizontal and the vertical slots. The two horizontal and the two
vertical slots have equal dimensions. The details are given in table-12

Fig. 39(a) Geometry and (b) slot dimensions of the Distributor Plate design-1
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Table 13- Geometric Details of distributor design-2

Hole Diameter

No. of
Holes

Flow Area

Slot Dimensions No. of Flow Area
Slots
Horizontal slot
2
0.051m2
dx= 0.04 m
tx = 0.64 m

d1=0.026m
23
1.22e-2 m2
d2=0.028m
23 x 2 =46 2.83e-2m2
d3=0.032m
23 x 2 = 46 3.69e-2m2
d4=0.036m
19 x 2 = 38 3.87e-2m2
Vertical slot
d5=0.040m
19 x 2 = 38 4.78e-2m2
dy= 0.06 m
2
0.103m2
d6=0.042m
17 x 2 = 34 4.71e-2m2
ty = 0.86 m
d7=0.048m
17 x 2 = 34 6.15e-2m2
0.154m2
Total Flow area due to holes 0.27m2
Flow area due to slots
0.273+0.154=0.43m2
Total Flow Area due to holes and Slots
1.01x 0.72 = 0.73m2
Total Frontal area of the distributor Plate
58.6%
Porosity/ flow area as % of total area
The boundary conditions are same as in fig .33. Additionally all the surfaces of the internal holes
and slots are walls. An 8.4 million structured mesh similar to that shown in fig. 37 (a) and (b)
above was generated in ICEM CFD. CFD analysis of this computational geometry was done using
realizable k-ε model with non-equilibrium wall function. The resulting velocity contours are shown
in the fig. 40 below:-

Fig. 40 Axial Velocity Contours resulting from CFD analysis of Distributor Design-2
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The following observations can be made from the quantitative analysis of this design:1) The design has approximately 75% of forward flow area and is therefore, better than the
radiator fan.
2) The flow separation has been eliminated from all the walls.
3) The velocity contours are symmetric about the x and y axis.
5.5.1

Grid Convergence Study of the above design, results and discussion

The above analysis of the distributor designs was largely qualitative in nature as the mesh was
relatively coarse and only realizable k-ε model was used. In order to do get a conclusive evidence
about the flow performance of the distributor design-2, CFD analysis must be done without wall
functions and the results of realizable k-ε model must be compared with Reynolds stress-ω model.
Based on the observation (3) made above , a quarter-symmetric model of the duct as shown in fig.
41 below was used for subsequent analysis in order to resolve the flow right up to the wall while
letting the number of computational elements to a computationally feasible amount. While the
computational meshes in the above analyses were conformal, for the quarter symmetric model of
distributor design-2, non-conformal mesh was created to reduce the number of computational cells.
Three meshes with 10.2, 12.13 and 17.3 million cells were created each of which are identical to
that shown in figs. 42 (a), (b) and (c) to resolve the flow up to the wall and to minimize interface
distortions of the distributor plate holes. A mesh size smaller than 10.2 million cells caused y+ to
become > 1 resulting in divergence.

Fig. 41 The quarter-symmetric model of the distributor design-2 along with the boundary conditions.
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Fig. 42 Computational mesh (a) top view (b) Front view and (c) Distributor plate mesh. The 4 arrows in (a)
and (b) denote the grid interface locations in this non-conformal mesh.

CFD analysis of the above geometry was done first using the realizable k-ε model with enhanced
wall treatment and then using the Reynolds Stress-ω model on the 10.2 million, 12.13 million and
the 17.2 million cell mesh.
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In case of the Realizable k-ε model, the axial velocity contours didn’t change much with grid
refinement beyond the 10.2 million cell mesh. However, the Reynolds Stress-Omega model did
show a little change in the axial velocity contours. Figs. 43 (a) (b) and (c) show the axial velocity
contours resulting from the CFD analyses of the above three mesh sizes using the Reynolds Stressω model. From figs. 43 (a), (b) and (c), it is evident that a mesh with 12.13 million or finer gives
approximately the same axial velocity contours. The static pressure at the inlet predicted in case
of 10.2 million, 12.13 million and 17.3 million cells were -2.5 Pa,-2.9 Pa and -2.8 Pa respectively
and are thus, within the uncertainty limits of CFD predictions. So the results of the 12.13 million
cell mesh for the Reynolds Stress-Omega model should be compared with the Realizable k-ε
model.

(a)

(b)

(c)

Fig. 43 Comparison of the axial velocity contours at the radiator plane for (a) 10.2 million cells (b) 12.13
million cells and (c) 17.3 million cells using the Reynolds Stress-ω model

A comparison of the axial velocity contours resulting from the Realizable k-ε and the Reynolds
Stress-Omega models is shown in fig.44 (a) and (b) respectively.

Fig. 44 Axial Velocity Contours resulting from CFD analysis of Distributor Design-2 using (a) realizable k-ε
model and (b) Reynolds Stress-ω model
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Fig. 44(a) looks almost similar to the axial velocity contours generated by doing CFD analysis of
the full model using a wall function. However, there is a small flow deficient region at the center.
This could be attributed to the modeling error resulting from symmetry boundary condition in
realizable k-ε model. This flow deficient region has disappeared in the velocity contours in fig. 44
(b) which used the Reynolds Stress-ω model. Also, the Reynolds Stress-ω model predicts higher
concentration of velocities indicating presence of strong vortices in the flow and a smaller back
flow region as compared to realizable k-ε model. Thus, the actual forward flow in the distributor
design-2 is close to 80%.
Further, from the design principles, a good distributor plate design must result in the overall static
pressure recovery to be zero. Fig. 45 shows a comparison of the static pressure values resulting
from the realizable k-ε model and Reynolds Stress-ω model. Since the static gauge pressure at the
outlet is set to zero, the value of the static pressure at the inlet is equal to the overall static pressure
recovery in the transition duct. From fig. 45, it is evident that the static pressure values predicted
by the two models are quite close with the realizable k-ε model value being -2.2 Pa and the
Reynolds Stress-ω model value being -2.9Pa . Thus, the distributor design-2 results in an overall
static pressure recovery being close to zero and hence, it is an acceptable design.

Convergence History of Static Pressure at Mass Flow Inlet
30
Realizable k-epsilon model

20

Reynolds Stress-Omega Model

Static Pressure
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Fig. 45 Comparison of the converged values of static pressures at Mass flow inlet for the distributor plate
design-2 for realizable k-ε model and Reynolds Stress-ω model
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Chapter -6
Conclusions and Future Work
6.1 Conclusions
A new cooling system for the hydraulic fracturing equipment was successfully designed using
CFD and heat transfer analysis. Through the baseline CHT (Conjugate Heat Transfer) analysis of
the initial design of the rotor and the stator, it was shown that the maximum temperature in the
motor was 203.5 0C at full thermal load of 38.9 kW in the rotor and 64.6 kW in the stator. This
would result in melting of the insulation of the Copper windings resulting in catastrophic failure
of the motor at full load. In order to solve this problem, three heat transfer enhancement methods
were studied-longitudinal fins, transverse ribs and transverse grooves. It was found that the ratio
of heat transfer enhancement to pressure drop for the longitudinal fins, transverse ribs and
transverse grooves decreases in the order-micro-fins (R=1.43-highest)>high fins (R=0.89)>
circular grooves (R=0.56)>ribs (lowest-R=0.54). Citing the manufacturability and cost constraints,
circular groove was selected as the heat transfer enhancement method. It was shown that the CHC
(Chang-Hsieh-Chen) model gave the most accurate predictions for circular grooves. Parametric
analysis of circular grooves showed that with half axial length grooved, groove depths of 2 mm
and 1mm gave the maximum heat transfer enhancement (57.3% for 2mm groove depth and 36.5%
for 1mm groove depth) at the minimum possible pressure drop (3.1 times the smooth pipe pressure
drop for 2mm groove depth and 2.2 times the smooth pipe pressure drop for 1mm groove depth).
Citing a higher ratio of heat transfer enhancement to pressure drop for the groove with 1mm depth,
this option was zeroed in for further CHT analysis. It was shown that the best design –i.e., the one
with 1mm groove depth , half axial length grooved and cooling tubes shifted diametrically by 2”
towards the hottest regions reduced the maximum temperature in the stator by 43.10C to 160.40C
and by 40.70C in the rotor to 141.90C at operating point at sea level and 450C ambient temperature.
Evaluation of this design at 6000 ft also yielded a maximum temperature below 2000C
Further, in the transition duct connecting the exit plenum of the motor to the oil cooler, CFD
analysis showed that without any flow control mechanism, there is only 37.61% of forward flow
at the face of the oil cooler/radiator. This would severely degrade the performance of the radiator.
An iterative procedure was used to design a perforated flow distributor plate based on the
principles of axisymmetric jet coalescence and 2-D wall jet .It was shown that the best distributor
design increased the forward flow area at the radiator face to ~75-80%. Thus, it performed better
than the radiator fan which had a forward flow of 71.3% at the radiator face and could replace the
existing fan. Moreover, the static pressure recovery for this design was -2.9Pa which is close to
zero as recommended for a good design by various studies.
6.2 Future Work
In the drill motor cooling problem, geometric parameters like tube diameter, number of tubes, tube
spacing, etc. could be varied to see the effect of each geometric modification on the temperature
distribution in the motor. This could possibly help in coming up with other cooling solutions.
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Helical grooves/ribs were avoided in this study citing the difficulty in their manufacturability.
However, from an academic perspective, this study could be undertaken to show the advantage of
helical grooves/ribs over transverse grooves/ribs in heat transfer enhancement for a conjugate heat
transfer problem.
Further, the goal of the design of the distributor plate was to obtain at least as much forward flow
as the radiator fan. However, this design could be further improved to eliminate the back-flow
altogether. Also, more than 1 distributor plate could be analyzed to see whether 100% uniform
forward flow is possible as in case of 2-screens in an electrostatic precipitator duct as demonstrated
in the work of Ward-Smith [14]. Such a study would require more computational resources and time
which is always a limitation as in present work.
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Appendix-A
Calculation of Minimal number of grid points needed for matching the “Law
of the wall” in the outer region
In the motor plenum, the total cell count is mostly influenced by the cell count in the rotor and the
stator tubes. It is desired to find out the optimum mesh resolution which can accurately predict the
temperature and velocity profiles in the tube. To find out the optimum mesh resolution, we started
with meshing of a single circular channel (as shown in fig.1) with diameter equal to the diameter
of rotor channel and length equal to the length of motor channel. Since the rotor channel is smallest
in diameter, it would require the finest mesh resolution. If the mesh is sufficiently resolved to
match the law of the wall in the rotor channel, it should be able to achieve the same in the stator
tubes. Therefore, it is chosen to find out the number of points required for matching the law of the
wall.

Fig.1 Mesh for the circular duct

Multiple runs were done with different y-plus values. The goal was to match the fullydeveloped turbulent velocity profile near the exit of the duct with the logarithmic “law of the wall”
velocity profile given as:𝑢+ = 2.5 ln(𝑦 + ) + 5.5
Here 𝑢+ =

𝑢
𝑢𝜏

𝐴(1)

where u is the axial velocity in the duct and uτ is the friction velocity given as 𝑢𝜏 =

√𝜏𝑤 /𝜌 where τw is the wall shear stress and ρ is the density of air. y+ is the non-dimensional
distance from the wall 𝑦 + = 𝑦𝑢𝜏 /𝜈 , ν is the kinematic viscosity of air. The above relation A.1 is
known as Nikuradse correlation for fully developed turbulent velocity profile [21]
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It was observed that with scalable wall functions (3<y+ (min) <300) and a total cell count in the range
of 50000-64000 per tube (about 8-10 million for 162 tubes), we were able to match the computed
velocity profile with the experimental velocity profile as shown in fig.2. The computed value of skinfriction coefficient near outlet was 0.0057, while its empirical value was 0.0054.However, we were
not able to match the surface-heat transfer coefficient and Nusselt number with the same accuracy.
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Fig.2 Comparison of Velocity profile with law of the wall done using Wall Functions

Further investigations were done using the enhanced wall treatment option(y+<=1) which doesn’t use
wall function and solves the governing equation right upto the wall. We were able to match the velocity
profile (shown in fig.3) and the skin-friction coefficient with the experimental data. Computed skin
friction coefficient was 0.0053 and the corresponding empirical value was 0.0054.The Computed heat
transfer coefficient was 106.4 W/m2-K while the empirical value was 100.4 W/m2-K. Thus, the results
with enhanced wall treatment option are satisfactory. However, the total number of cells required for
this case is approximately ranging from 200,000- 400,000 per tube (i.e., 32 million-64 million).
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Fig.3 Comparison of Velocity profile with law of the wall done without using Wall Functions
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Appendix-B
Pressure Loss Calculations for the Motor plenum
Assumptions
a) The diverging duct at the inlet of the motor plenum is very short, so the hydraulic
diameter at the start and end of the duct are almost the same.
b) Pressure loss due to sudden contraction is calculated by assuming an equivalent
diameter for the rotor and stator tubes (illustrated in fig. 1 below).
c) Velocity in the rotor and stator tubes is assumed to be equal in the theoretical
calculation.
Pressure Loss due to flow through motor tubes:Total no. of rotor holes Nrotor = 72
Area of 1 rotor hole
𝜋

𝜋

= 𝐴𝑟𝑜𝑡𝑜𝑟 = 4 𝐷𝑟𝑜𝑡𝑜𝑟 2 = 4 (0.875 ∗ 0.0254)2 = 3.879e-4 m2

B (1)

Total cross-sectional area of rotor holes
= 𝐴𝑟𝑜𝑡𝑜𝑟,𝑡𝑜𝑡𝑎𝑙 = 72 ∗ 𝐴𝑟𝑜𝑡𝑜𝑟 =0.0279 m2

(using B (1))

B (2)

Total no. of stator holes Nstator = 90
Area of 1 stator hole
𝜋

𝜋

= 𝐴𝑠𝑡𝑎𝑡𝑜𝑟 = 4 𝐷𝑠𝑡𝑎𝑡𝑜𝑟 2 = 4 (0.9375 ∗ 0.0254)2 = 4.454e-4 m2

B (3)

Total cross-sectional area of stator holes
= 𝐴𝑠𝑡𝑎𝑡𝑜𝑟,𝑡𝑜𝑡𝑎𝑙 = 72 ∗ 𝐴𝑠𝑡𝑎𝑡𝑜𝑟 =0.040 m2

(using B (3))

B (4)

Since 𝐷𝑟𝑜𝑡𝑜𝑟 ≅ 𝐷𝑠𝑡𝑎𝑡𝑜𝑟 , therefore 𝑉𝑟𝑜𝑡𝑜𝑟ℎ𝑜𝑙𝑒𝑠 ≅ 𝑉𝑠𝑡𝑎𝑡𝑜𝑟ℎ𝑜𝑙𝑒𝑠
Thus,
𝑉𝑟𝑜𝑡𝑜𝑟ℎ𝑜𝑙𝑒𝑠 = 𝑉𝑠𝑡𝑎𝑡𝑜𝑟ℎ𝑜𝑙𝑒𝑠 =

𝑚̇
𝜌𝑓 .(𝐴𝑟𝑜𝑡𝑜𝑟,𝑡𝑜𝑡𝑎𝑙 +𝐴𝑠𝑡𝑎𝑡𝑜𝑟,𝑡𝑜𝑡𝑎𝑙 )

= 34.9 m/s

Lrotor tubes=Lstator tubes = Lmotor = 34.6 inches =0.88m
Assume that the motor has the same surface roughness as that of commercial steel, i.e. ,
e=4.6e-5 m
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B (5)

Dmean =(Drotor+Dstator)/2 = 0.023 m
𝑅𝑒𝐷𝑚𝑒𝑎𝑛 =

𝑉.𝐷𝑚𝑒𝑎𝑛
𝜈

=40,004

Using Chilton Colebrook[22] equation,
𝑒⁄
2.51
𝐷𝑚𝑒𝑎𝑛
= −2 log10 [
+
]
3.71
𝑅𝑒𝐷𝑚𝑒𝑎𝑛 √𝑓
√𝑓
1

𝐵(6)

We get f =0.0271
Head loss in the channel = H =
∆𝑃𝑐ℎ𝑎𝑛𝑛𝑒𝑙𝑠
𝜌𝑔

=

𝑓𝐿𝑐ℎ𝑎𝑛𝑛𝑒𝑙 𝑉 2
2𝑔𝐷𝑚𝑒𝑎𝑛

𝑓𝐿𝑐ℎ𝑎𝑛𝑛𝑒𝑙 𝑉 2
2𝑔𝐷𝑚𝑒𝑎𝑛

= 2.6 𝑖𝑛𝑐ℎ𝑒𝑠 𝑜𝑓 𝑊𝑎𝑡𝑒𝑟 𝐶𝑜𝑙𝑢𝑚𝑛

B (7)

In this simulation of motor plenum, due to computational constraints, the length of the tube
is kept ¼th the original length.
Therefore,
Head loss in the tubes in the simulation as predicted from theory = H1 =H/4 = 0.65 inches of
Water Column
Pressure loss due to sudden contraction due to air flowing into the tubes from the plenum at the
inlet :Dplenum ~= Dmotor =40 inches=1.102m
4

Also Deq,holes(as illustrated in fig.2) =√𝜋 (𝐴𝑟𝑜𝑡𝑜𝑟,𝑡𝑜𝑡𝑎𝑙 + 𝐴𝑠𝑡𝑎𝑡𝑜𝑟,𝑡𝑜𝑡𝑎𝑙 ) = 0.294m

Dmotor

Deqholes

Fig.1 Illustration of equivalent hole diameter of the motor.
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B (8)

Thus r= Ded q,holes/Dplenum =0.29
For this value of r ,we have Kcontraction =0.38
Thus,
ΔPcontraction = KcontractionV2/2g = 0.95 inches of W.C.

B (9)

Pressure loss due to sudden expansion of air flowing into the plenum from the exit of the blower:Hydraulic diameter of the duct between the blower and the plenum (neglecting the 100
divergence)=Dh = 4*A/P= 4*0.2254*0.3/(2*(0.2254+0.3)) = 0.26 m
Diameter of Motor Plenum = Dplenum = 1.102 m
Therefore diameter ratio r = Dh/Dp = 0.24
From literature, for this value of r, Kexpansion ~ 0.9
Thus,
Pressure loss due to sudden expansion from blower to plenum
= ΔPexpansion = KexpansionVblower duct2/2g = 529.75 Pa = 2.13 inches of water Column

Therefore ,
Total pressure drop in the system = H1 + ΔPcontraction + ΔPexpansion
= 3.73 inches of W.C.
Total Pressure drop in the system from CFD simulation
(Pressure drop from the most refined simulation (i.e. 18.6 million mesh)) =
992.44 Pa (inlet) – 0 pa (outlet) = 3.98 inches of Water Column
% error = (3.98-3.73)/3.73 * 100 = 6.77% (acceptable)
Reasons for Error :1. In the CFD simulation, the material of the motor is taken to be Aluminum (Default) while
the material of the motor in the theoretical calculations is taken to be Commercial steel.
2. We have neglected the surface roughness effects in the CFD simulation.
3. We have assumed fully developed flow for the entire pipe in the theoretical calculations
and have also assumed uniform mass flow distribution in all the rotor and stator tubes.
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Appendix-C
Calculation of Mass Flow rate through the air gap between the rotor and the
stator
Flow from the entry motor plenum gets sub-divided into the rotor tubes, stator tubes and air gap
between the rotor and the stator which are in a parallel arrangement with respect to the entry
plenum.
Since the diameter of the rotor and the stator tubes are nearly the same (6.9% relative difference)
& an order of magnitude bigger than the annulus hydraulic diameter, i.e,
𝐷𝑟𝑜𝑡𝑜𝑟 ≅ 𝐷𝑠𝑡𝑎𝑡𝑜𝑟 >> 𝐷ℎ,𝑎𝑖𝑟−𝑔𝑎𝑝
(D rotor = 0.022225m, D stator = 0.0238125m >> D h, air-gap= 0.004064m)
Also, the Reynolds number based on diameter of the rotor and the stator tube are within 15%, i.e.,
Re rotor tube = 44183~Restator tube =49403 (~ 11% difference)
Therefore, a simplified analysis is possible where the rotor and the stator tubes are represented by
a mean diameter D mean without incorporating significant amount of error.
D mean can be calculated as follows:𝜋

𝐴𝑚𝑒𝑎𝑛 = 4 𝐷𝑚𝑒𝑎𝑛 2 = (𝑁𝑟𝑜𝑡𝑜𝑟 𝐴𝑟𝑜𝑡𝑜𝑟 + 𝑁𝑠𝑡𝑎𝑡𝑜𝑟 𝐴𝑠𝑡𝑎𝑡𝑜𝑟 )/(𝑁𝑟𝑜𝑡𝑜𝑟 + 𝑁𝑠𝑡𝑎𝑡𝑜𝑟 )
𝜋
𝜋
72 4 0.0222252 + 90 4 0.02381252
𝜋
2
𝐷
=
4 𝑚𝑒𝑎𝑛
162
𝐷𝑚𝑒𝑎𝑛 = 0.0231𝑚
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Now applying continuity,
𝑚̇𝑠𝑦𝑠𝑡𝑒𝑚 = 𝑚̇𝑟𝑜𝑡𝑜𝑟+𝑠𝑡𝑎𝑡𝑜𝑟 + 𝑚̇𝑎𝑖𝑟−𝑔𝑎𝑝
At the design flow rate (4000 SCFM)
2.568 = 𝜌 (𝐴𝑟𝑜𝑡𝑜𝑟 + 𝐴𝑠𝑡𝑎𝑡𝑜𝑟 )𝑉𝑚𝑒𝑎𝑛 + 𝜌 (𝐴𝑎𝑖𝑟−𝑔𝑎𝑝 )𝑉𝑎𝑖𝑟−𝑔𝑎𝑝
𝜋

𝜋

2.568 = 1.225 [{(𝑁𝑟𝑜𝑡𝑜𝑟 + 𝑁𝑠𝑡𝑎𝑡𝑜𝑟 ). ( 4 ) . 𝐷𝑚𝑒𝑎𝑛 2 } . 𝑉𝑚𝑒𝑎𝑛 + {( 4 ) . (𝐷𝑜 2 − 𝐷𝑖 2 ) } 𝑉𝑎𝑖𝑟−𝑔𝑎𝑝 ]
𝜋

𝜋

2.568 = 1.225 [{(72 + 90). ( 4 ) . 0.023122 } . 𝑉𝑚𝑒𝑎𝑛 + {( 4 ) . (0.651512 − 0.6474462 ) } 𝑉𝑎𝑖𝑟−𝑔𝑎𝑝 ]
2.568 = 0.0833𝑉𝑚𝑒𝑎𝑛 + 0.005079𝑉𝑎𝑖𝑟−𝑔𝑎𝑝

C (1)

Case-1 With Smooth Tubes
We have, ∆𝑃1−2 = ∆𝑃𝑚𝑒𝑎𝑛,𝑟𝑜𝑡𝑜𝑟+𝑠𝑡𝑎𝑡𝑜𝑟 = ∆𝑃𝑎𝑖𝑟−𝑔𝑎𝑝
For smooth tubes,
𝑓𝑚𝑒𝑎𝑛 𝐿𝑚𝑜𝑡𝑜𝑟 𝑉𝑚𝑒𝑎𝑛 2 𝑓𝑎𝑖𝑟−𝑔𝑎𝑝 𝐿𝑚𝑜𝑡𝑜𝑟 𝑉𝑎𝑖𝑟−𝑔𝑎𝑝 2
=
2. 𝑔. 𝐷𝑚𝑒𝑎𝑛
2. 𝑔. 𝐷ℎ,𝑎𝑖𝑟−𝑔𝑎𝑝
The above equation simplifies to:
𝑓𝑚𝑒𝑎𝑛 𝑉𝑚𝑒𝑎𝑛 2
𝐷𝑚𝑒𝑎𝑛

=

𝑓𝑎𝑖𝑟−𝑔𝑎𝑝 𝑉𝑎𝑖𝑟−𝑔𝑎𝑝 2

C (2)

𝐷ℎ,𝑎𝑖𝑟−𝑔𝑎𝑝

The set of equations C (1) & C (2) need to be solved iteratively. (For brevity, only final iteration is
showed here)
Assume 𝑓𝑎𝑖𝑟−𝑔𝑎𝑝 = 2 𝑓𝑚𝑒𝑎𝑛
Substituting the above in equation (2)
𝑉𝑎𝑖𝑟−𝑔𝑎𝑝 = √

𝐷ℎ,𝑎𝑖𝑟−𝑔𝑎𝑝
2𝐷𝑚𝑒𝑎𝑛

𝑉𝑚𝑒𝑎𝑛 = 0.2965𝑉𝑚𝑒𝑎𝑛

C (3)

Substitute the value of Vair-gap from C (3) in C (1) and solve for Vmean

Thus ,
𝑉𝑚𝑒𝑎𝑛 = 30.3 𝑚/𝑠
Therefore,
𝑉𝑎𝑖𝑟−𝑔𝑎𝑝 = 8.9 𝑚/𝑠

Now ,
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𝑅𝑒𝐷𝑚𝑒𝑎𝑛 =
𝑅𝑒𝐷𝑎𝑖𝑟−𝑔𝑎𝑝

𝑉𝑚𝑒𝑎𝑛 𝐷𝑚𝑒𝑎𝑛

= 46671.6
𝑉𝑎𝑖𝑟−𝑔𝑎𝑝 𝐷𝑎𝑖𝑟−𝑔𝑎𝑝
=
= 2432.9
𝜈
𝜈

Using e=4.6e-5 m & Chilton Colebrook equation,
𝑒⁄
2.51
= −2 log10 [ 𝐷 +
]
3.71 𝑅𝑒𝐷 √𝑓
√𝑓
1

We get fmean= 0.027 and fair-gap = 0.0552
Thus, fair-gap = 2.044 f mean. This is close to our initial assumption that fair-gap = 2 f mean.
Therefore,
𝑚̇𝑎𝑖𝑟−𝑔𝑎𝑝 = 𝜌(𝐴𝑎𝑖𝑟−𝑔𝑎𝑝 )𝑉𝑎𝑖𝑟−𝑔𝑎𝑝 = 0.0456 𝑘𝑔/𝑠 (1.78% of the system mass flow rate)
𝑚̇𝑟𝑜𝑡𝑜𝑟+𝑠𝑡𝑎𝑡𝑜𝑟 = 𝜌(𝐴𝑟𝑜𝑡𝑜𝑟 + 𝐴𝑠𝑡𝑎𝑡𝑜𝑟 )𝑉𝑚𝑒𝑎𝑛 = 2.522 𝑘𝑔/𝑠 (98.22% of the system mass flow rate)
Now, Using Gnielinski correlation [20]
𝑓

NuDℎ ,annulus =
ℎ𝐷ℎ,𝑎𝑛𝑛𝑢𝑙𝑢𝑠
𝑘𝑎𝑖𝑟

( )(𝑅𝑒𝐷 −1000).𝑃𝑟
8
𝑓
8

1

2

= 8.9

C (4)

1+12.7( )2 (𝑃𝑟 3 −1 )

= 8.9
𝑊

ℎ = 57.8 𝑚2 .𝐾
Thus, even though the mass flow rate through the annulus is negligible when compared to the
overall mass flow rate through the system, yet it has significant thermal effects which needs to be
accounted for.
On solving the above set of equations at operating point with smooth tubes (4800 CFM),
2.931 = 0.0833𝑉𝑚𝑒𝑎𝑛 + 0.005079𝑉𝑎𝑖𝑟−𝑔𝑎𝑝

C (5)

Again using 𝑓𝑎𝑖𝑟−𝑔𝑎𝑝 = 2 𝑓𝑚𝑒𝑎𝑛 and solving the above equations,
𝑉𝑚𝑒𝑎𝑛 = 34.6 𝑚/𝑠
𝑉𝑎𝑖𝑟−𝑔𝑎𝑝 = 10.2 𝑚/𝑠
Now
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𝑅𝑒𝐷𝑚𝑒𝑎𝑛 =

𝑉𝑚𝑒𝑎𝑛 𝐷𝑚𝑒𝑎𝑛

= 53268.5
𝑉𝑎𝑖𝑟−𝑔𝑎𝑝 𝐷𝑎𝑖𝑟−𝑔𝑎𝑝
𝑅𝑒𝐷𝑎𝑖𝑟−𝑔𝑎𝑝 =
= 2776.4
𝜈
Using e=4.6e-5 m & Chilton Colebrook equation,
𝜈

We get fmean= 0.0263 and fair-gap = 0.0537
Thus, fair-gap = 2.042 f mean. Thus fair-gap = 2 f mean still holds good for this flow rate.

𝑚̇𝑎𝑖𝑟−𝑔𝑎𝑝 = 𝜌(𝐴𝑎𝑖𝑟−𝑔𝑎𝑝 )𝑉𝑎𝑖𝑟−𝑔𝑎𝑝 = 0.052 𝑘𝑔/𝑠 (1.78% of the system mass flow rate)
𝑚̇𝑟𝑜𝑡𝑜𝑟+𝑠𝑡𝑎𝑡𝑜𝑟 = 𝜌(𝐴𝑟𝑜𝑡𝑜𝑟 + 𝐴𝑠𝑡𝑎𝑡𝑜𝑟 )𝑉𝑚𝑒𝑎𝑛 = 2.879𝑘𝑔/𝑠 (98.22% of the system mass flow rate)
Now, Using Gnielinski correlation
𝑓

NuDℎ ,annulus =

( )(𝑅𝑒𝐷 −1000).𝑃𝑟
8
𝑓
8

1

2

= 10.74

C (6)

1+12.7( )2 (𝑃𝑟 3 −1 )

𝑊

ℎ = 69.5 𝑚2 .𝐾
Thus, even though the mass flow rate through the annulus is negligible when compared to the
overall mass flow rate through the system, yet it has significant thermal effects which needs to be
accounted for.
Case-2 With Grooved Tubes with half the depth of Bilen et al[5]
Now applying continuity,
𝑚̇𝑠𝑦𝑠𝑡𝑒𝑚 = 𝑚̇𝑟𝑜𝑡𝑜𝑟+𝑠𝑡𝑎𝑡𝑜𝑟 + 𝑚̇𝑎𝑖𝑟−𝑔𝑎𝑝
At the Operating point flow rate (4400 CFM)
2.686 = 𝜌 (𝐴𝑟𝑜𝑡𝑜𝑟 + 𝐴𝑠𝑡𝑎𝑡𝑜𝑟 )𝑉𝑚𝑒𝑎𝑛 + 𝜌 (𝐴𝑎𝑖𝑟−𝑔𝑎𝑝 )𝑉𝑎𝑖𝑟−𝑔𝑎𝑝
𝜋

𝜋

2.686 = 1.225 [{(𝑁𝑟𝑜𝑡𝑜𝑟 + 𝑁𝑠𝑡𝑎𝑡𝑜𝑟 ). ( 4 ) . 𝐷𝑚𝑒𝑎𝑛 2 } . 𝑉𝑚𝑒𝑎𝑛 + {( 4 ) . (𝐷𝑜 2 − 𝐷𝑖 2 ) } 𝑉𝑎𝑖𝑟−𝑔𝑎𝑝 ] 2.686 =
𝜋

𝜋

1.225 [{(72 + 90). ( 4 ) . 0.023122 } . 𝑉𝑚𝑒𝑎𝑛 + {( 4 ) . (0.651512 − 0.6474462 ) } 𝑉𝑎𝑖𝑟−𝑔𝑎𝑝 ]
2.686 = 0.0833𝑉𝑚𝑒𝑎𝑛 + 0.005079𝑉𝑎𝑖𝑟−𝑔𝑎𝑝
We have,

C (7)

∆𝑃1−2 = ∆𝑃𝑚𝑒𝑎𝑛,𝑟𝑜𝑡𝑜𝑟+𝑠𝑡𝑎𝑡𝑜𝑟 = ∆𝑃𝑎𝑖𝑟−𝑔𝑎𝑝
76

For half-axial length grooved tubes,
𝑓𝑠𝑚𝑜𝑜𝑡ℎ 0.5𝐿𝑚𝑜𝑡𝑜𝑟 𝑉𝑚𝑒𝑎𝑛 2 𝑓𝑔𝑟𝑜𝑜𝑣𝑒𝑑 0.5𝐿𝑚𝑜𝑡𝑜𝑟 𝑉𝑚𝑒𝑎𝑛 2 𝑓𝑎𝑖𝑟−𝑔𝑎𝑝 𝐿𝑚𝑜𝑡𝑜𝑟 𝑉𝑎𝑖𝑟−𝑔𝑎𝑝 2
+
=
2. 𝑔. 𝐷𝑚𝑒𝑎𝑛
2. 𝑔. 𝐷𝑚𝑒𝑎𝑛
2. 𝑔. 𝐷ℎ,𝑎𝑖𝑟−𝑔𝑎𝑝
The above equation simplifies to:
(𝑓𝑠𝑚𝑜𝑜𝑡ℎ +𝑓𝑔𝑟𝑜𝑜𝑣𝑒𝑑 )𝑉𝑚𝑒𝑎𝑛 2
𝐷𝑚𝑒𝑎𝑛

=

2 𝑓𝑎𝑖𝑟−𝑔𝑎𝑝 𝑉𝑎𝑖𝑟−𝑔𝑎𝑝 2

C (8)

𝐷ℎ,𝑎𝑖𝑟−𝑔𝑎𝑝

The set of equations C (7) & C (8) need to be solved iteratively. (For brevity, only final iteration is
showed here)
Assume 𝑓𝑎𝑖𝑟−𝑔𝑎𝑝 = 0.4( 𝑓𝑠𝑚𝑜𝑜𝑡ℎ + 𝑓𝑔𝑟𝑜𝑜𝑣𝑒𝑑 )
Substituting the above in equation (4)
𝑉𝑎𝑖𝑟−𝑔𝑎𝑝 = √

𝐷ℎ,𝑎𝑖𝑟−𝑔𝑎𝑝
0.8𝐷𝑚𝑒𝑎𝑛

𝑉𝑚𝑒𝑎𝑛 = 0.4687𝑉𝑚𝑒𝑎𝑛

C (9)

Substitute the value of V air-gap from C (9) in C (7) and solve for V mean

Thus,
𝑉𝑚𝑒𝑎𝑛 = 31.4𝑚/𝑠
Therefore,
𝑉𝑎𝑖𝑟−𝑔𝑎𝑝 = 14.7 𝑚/𝑠

Now,
𝑅𝑒𝐷𝑚𝑒𝑎𝑛 =
𝑅𝑒𝐷𝑎𝑖𝑟−𝑔𝑎𝑝

𝑉𝑚𝑒𝑎𝑛 𝐷𝑚𝑒𝑎𝑛

= 48321
𝑉𝑎𝑖𝑟−𝑔𝑎𝑝 𝐷𝑎𝑖𝑟−𝑔𝑎𝑝
=
= 3980
𝜈
𝜈

Using e=4.6e-5 m & Chilton Colebrook equation [22],
𝑒⁄
2.51
= −2 log10 [ 𝐷 +
]
3.71 𝑅𝑒𝐷 √𝑓
√𝑓
1

We get fsmooth= 0.0266 and fair-gap = 0.0502
From the modified correlation developed from the correlation developed by Bilen et al. [5]
𝑓𝑔𝑟𝑜𝑜𝑣𝑒𝑑 = 0.0254 𝑅𝑒𝐷𝑚𝑒𝑎𝑛 0.124
Thus, f grooved = 0.0968
And f grooved + f smooth = 0.1234 and fair-gap = 0.0502
f air-gap/(f grooved + f smooth) = 0.407
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This is close to our initial assumption that fair-gap = 0.4(f smooth +f grooved).
Therefore,
𝑚̇𝑎𝑖𝑟−𝑔𝑎𝑝 = 𝜌(𝐴𝑎𝑖𝑟−𝑔𝑎𝑝 )𝑉𝑎𝑖𝑟−𝑔𝑎𝑝 = 0.0746𝑘𝑔/𝑠 (2.78% of the system mass flow rate)
𝑚̇𝑟𝑜𝑡𝑜𝑟+𝑠𝑡𝑎𝑡𝑜𝑟 = 𝜌(𝐴𝑟𝑜𝑡𝑜𝑟 + 𝐴𝑠𝑡𝑎𝑡𝑜𝑟 )𝑉𝑚𝑒𝑎𝑛 = 2.612 𝑘𝑔/𝑠 (97.22% of the system mass flow rate)
Now, Using Gnielinski correlation
NuDℎ ,annulus =

ℎ𝐷ℎ,𝑎𝑛𝑛𝑢𝑙𝑢𝑠
𝑘𝑎𝑖𝑟

𝑓
8

( )(𝑅𝑒𝐷 −1000).𝑃𝑟
𝑓
8

1

2

= 16.7

C (10)

1+12.7( )2 (𝑃𝑟 3 −1 )

= 16.7

C (11)

𝑊

ℎ = 107.9 𝑚2 .𝐾
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Appendix-D System Characteristics with and without grooved rotor/stator tubes
Assumptions
a) The diverging duct at the inlet of the motor plenum is very short, so the hydraulic
diameter at the start and end of the duct are almost the same.
b) Pressure loss due to sudden contraction is calculated by assuming an equivalent
diameter for the rotor and stator tubes (illustrated in fig. 1 below).
c) Velocity in the rotor and stator tubes is assumed to be equal in the theoretical
calculation.
d) Minor Losses due to change in direction of the flow in the entry and exit plenum are
neglected.
Variation of Resistance with flow rate for flow through the rotor & stator tubes:Total no. of rotor holes Nrotor = 72
Total no. of stator holes Nstator = 90
Since 𝐷𝑟𝑜𝑡𝑜𝑟 ≅ 𝐷𝑠𝑡𝑎𝑡𝑜𝑟 (Drotor= 0.02222m, Dstator=0.02381m),
Therefore, all the rotor and the stator tubes could be represented by a mean diameter which is
defined as Dmean =(Drotor+Dstator)/2 = 0.02302 m
Consequently,
𝑉𝑟𝑜𝑡𝑜𝑟ℎ𝑜𝑙𝑒𝑠 ≅ 𝑉𝑠𝑡𝑎𝑡𝑜𝑟ℎ𝑜𝑙𝑒𝑠 =

𝑄

where Q represents the volume flow rate

𝜋
4

(90+72).( ).𝐷𝑚𝑒𝑎𝑛 2

through the system.
Lrotor tubes=Lstator tubes = Lmotor = 34.65 inches =0.88011m.
For simplification of friction factor calculation, a representative value is taken for the flow rate
ranging from 4000 CFM to 6000 CFM. (It is unlikely that operating point would correspond to
flow rates falling beyond this range)
Retube,Dmean = 4Q/(162.π.Dmeanν) =45,374 to 68061 for 4000CFM<Q<6000CFM
Assume that the motor has the same surface roughness as that of commercial steel, i.e.,
e=4.6e-5 m
Using Chilton Colebrook equation,
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𝑒⁄
2.51
𝐷𝑚𝑒𝑎𝑛
= −2 log10 [
+
]
3.71
𝑅𝑒𝐷𝑚𝑒𝑎𝑛 √𝑓
√𝑓
1

We get

𝐷(1)

0.0257737<f< 0.0267502 for the given Reynolds number range.

For simplifying the calculations,
take f = (0.0257737+0.0267502)/2 =0.0263
Head loss in the channel for case-1 (smooth tubes)
∆𝑃

Hcase-1 = 𝜌 𝑡𝑢𝑏𝑒𝑠
=
.𝑔
𝑎𝑖𝑟

∆𝑃𝑡𝑢𝑏𝑒𝑠,𝑐𝑎𝑠𝑒−1 =

𝑓𝐿𝑚𝑜𝑡𝑜𝑟 𝑉 2
2𝑔𝐷𝑚𝑒𝑎𝑛
𝜌𝑎𝑖𝑟 𝑓𝐿𝑡𝑢𝑏𝑒𝑠 𝑄 2

2

[2𝐷𝑚𝑒𝑎𝑛 (162. 0.25𝜋.𝐷𝑚𝑒𝑎𝑛 2 ) ]

= 135.513𝑄 2

D (2)

Head loss in the channel for case-2 (Tubes with half of the axial length grooved & groove depth
same as by Bilen et al. [5])
∆𝑃

Hcase-2 = 𝜌 𝑡𝑢𝑏𝑒𝑠
=
.𝑔
𝑎𝑖𝑟

∆𝑃𝑡𝑢𝑏𝑒𝑠 =

𝑓𝑠𝑚𝑜𝑜𝑡ℎ 𝐿𝑠𝑚𝑜𝑜𝑡ℎ 𝑉 2
2𝑔𝐷𝑚𝑒𝑎𝑛

+

𝜌𝑎𝑖𝑟 𝑓𝑠𝑚𝑜𝑜𝑡ℎ 𝐿𝑠𝑚𝑜𝑜𝑡ℎ 𝑄 2

𝑓𝑔𝑟𝑜𝑜𝑣𝑒𝑑 𝐿𝑔𝑟𝑜𝑜𝑣𝑒𝑑 𝑉 2

D (3)

2𝑔𝐷𝑚𝑒𝑎𝑛

2

[2𝐷𝑚𝑒𝑎𝑛 (162. 0.25𝜋.𝐷𝑚𝑒𝑎𝑛 2 ) ]

+

𝜌𝑎𝑖𝑟 𝑓𝑔𝑟𝑜𝑜𝑣𝑒𝑑 𝐿𝑔𝑟𝑜𝑜𝑣𝑒𝑑 𝑄 2

2

[2𝐷𝑚𝑒𝑎𝑛 (162. 0.25𝜋.𝐷𝑚𝑒𝑎𝑛 2 ) ]

D (4)

For Half groove length L smooth=0.44011m L grooved=0.44m
f smooth = 0.0263 ,
From the correlations developed by Bilen et al. [5]
𝑓𝑔𝑟𝑜𝑜𝑣𝑒𝑑 = 0.0356 𝑅𝑒𝐷𝑚𝑒𝑎𝑛 0.124 = 0.0356(4𝑄/(162𝜋𝐷𝑚𝑒𝑎𝑛 𝜈))0.124
𝑓𝑔𝑟𝑜𝑜𝑣𝑒𝑑 = 0.124𝑄 0.124
Substituting the values in eq. D (4)
∆𝑃𝑡𝑢𝑏𝑒𝑠,𝑐𝑎𝑠𝑒−2 = 67.765𝑄 2 + 318.189𝑄 2.124

D (5)
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Head loss in the channel for case-3 (Tubes with half of the axial length grooved & groove depth
half of that used by Bilen et al. [5])
∆𝑃

Hcase-3 = 𝜌 𝑡𝑢𝑏𝑒𝑠
=
.𝑔
𝑎𝑖𝑟

∆𝑃𝑡𝑢𝑏𝑒𝑠 =

𝑓𝑠𝑚𝑜𝑜𝑡ℎ 𝐿𝑠𝑚𝑜𝑜𝑡ℎ 𝑉 2
2𝑔𝐷𝑚𝑒𝑎𝑛

+

𝜌𝑎𝑖𝑟 𝑓𝑠𝑚𝑜𝑜𝑡ℎ 𝐿𝑠𝑚𝑜𝑜𝑡ℎ 𝑄 2
[2𝐷𝑚𝑒𝑎𝑛 (162. 0.25𝜋.𝐷𝑚𝑒𝑎𝑛

𝑓𝑔𝑟𝑜𝑜𝑣𝑒𝑑 𝐿𝑔𝑟𝑜𝑜𝑣𝑒𝑑 𝑉 2

D (6)

2𝑔𝐷𝑚𝑒𝑎𝑛

2 )2

]

+

𝜌𝑎𝑖𝑟 𝑓𝑔𝑟𝑜𝑜𝑣𝑒𝑑 𝐿𝑔𝑟𝑜𝑜𝑣𝑒𝑑 𝑄 2

2

[2𝐷𝑚𝑒𝑎𝑛 (162. 0.25𝜋.𝐷𝑚𝑒𝑎𝑛 2 ) ]

D (7)

For Half groove length L smooth=0.44011m L grooved=0.44m
f smooth = 0.0263 ,
The friction factor dependence on Reynolds number is expected to be of the same form as in case2 and only differ by a constant. Based on comparison of test runs for this half groove depth case,
modified friction factor correlation was found to be
𝑓𝑔𝑟𝑜𝑜𝑣𝑒𝑑,𝑚 = 0.025 𝑅𝑒𝐷𝑚𝑒𝑎𝑛 0.124 = 0.025(4𝑄/(162𝜋𝐷𝑚𝑒𝑎𝑛 𝜈))0.124
𝑓𝑔𝑟𝑜𝑜𝑣𝑒𝑑 = 0.0882𝑄 0.124
Substituting the values in eq. (4)
∆𝑃𝑡𝑢𝑏𝑒𝑠,𝑐𝑎𝑠𝑒−3 = 67.765𝑄 2 + 227.124𝑄 2.124

D (8)

Variation of resistance due to Pressure loss as a result of sudden contraction of air flowing
into the channels from the plenum at the inlet with flow rate:This pressure drop will be the same for cases – 1, 2 & 3
Dplenum ~= Dmotor =40 inches=1.1016 m
4

Also Deq,holes(as illustrated in fig.2) =√𝜋 (𝐴𝑟𝑜𝑡𝑜𝑟,𝑡𝑜𝑡𝑎𝑙 + 𝐴𝑠𝑡𝑎𝑡𝑜𝑟,𝑡𝑜𝑡𝑎𝑙 ) = 0.2943m

Dmotor

Deqholes

Fig.1 Illustration of equivalent hole diameter of the motor.
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Thus r= Ded q,holes/Dplenum =0.29
For this value of r ,we have Kcontraction =0.4
Thus,
𝛥𝑃𝑐𝑜𝑛𝑡𝑟𝑎𝑐𝑡𝑖𝑜𝑛 K 𝑐𝑜𝑛𝑡𝑟𝑎𝑐𝑡𝑖𝑜𝑛 V 2
=
𝜌𝑎𝑖𝑟 𝑔
2g
ΔPcontraction
𝑄2
= 0.4
2
𝜌𝑎𝑖𝑟 𝑔
2𝑔[(162. 0.25𝜋. 𝐷𝑚𝑒𝑎𝑛 2 ) ]
ΔPcontraction,case−1 = ΔPcontraction,case−2&3 = 0.2

𝜌𝑎𝑖𝑟 𝑄 2

2

[(162. 0.25𝜋.𝐷𝑚𝑒𝑎𝑛 2 ) ]

= 53.905𝑄 2

D (9)

Variation of Resistance due to Pressure loss as a result of sudden expansion of air flowing
into the plenum from the exit of the blower with flow rate:This resistance will be same for cases-1, 2 and 3.
Hydraulic diameter of the duct between the blower and the plenum (neglecting the 100 divergence)
= D h = 4*A/P = 4*0.2254*0.3/ (2*(0.2254+0.3)) = 0.2574 m
Diameter of Motor Plenum = D plenum = 1.1016 m
Therefore diameter ratio r = Dh/D p = 0.24
From literature, for this value of r, K expansion ~ 1
Thus,
Pressure loss due to sudden expansion from blower to plenum
𝛥𝑃𝑒𝑥𝑝𝑎𝑛𝑠𝑖𝑜𝑛,𝑏𝑙𝑜𝑤−𝑝𝑙𝑒𝑛 K 𝑒𝑥𝑝𝑎𝑛𝑠𝑖𝑜𝑛 V 2
=
𝜌𝑎𝑖𝑟 𝑔
2g
ΔP𝑒𝑥𝑝𝑎𝑛𝑠𝑖𝑜𝑛,𝑏𝑙𝑜𝑤−𝑝𝑙𝑒𝑛
𝑄2
= 1.0
2
𝜌𝑎𝑖𝑟 𝑔
2𝑔[(162. 0.25𝜋. 𝐷𝑚𝑒𝑎𝑛 2 ) ]
ΔP𝑒𝑥𝑝𝑎𝑛𝑠𝑖𝑜𝑛,𝑏𝑙𝑜𝑤−𝑝𝑙𝑒𝑛,case−1 = ΔP𝑒𝑥𝑝𝑎𝑛𝑠𝑖𝑜𝑛,𝑏𝑙𝑜𝑤−𝑝𝑙𝑒𝑛,case−2&3 = 0.5
Substituting the values,
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𝜌𝑎𝑖𝑟 𝑄 2
2

[(162. 0.25𝜋. 𝐷𝑚𝑒𝑎𝑛 2 ) ]

ΔP𝑒𝑥𝑝𝑎𝑛𝑠𝑖𝑜𝑛,𝑏𝑙𝑜𝑤−𝑝𝑙𝑒𝑛,case−1 = ΔP𝑒𝑥𝑝𝑎𝑛𝑠𝑖𝑜𝑛,𝑏𝑙𝑜𝑤−𝑝𝑙𝑒𝑛,case−2&3 = 134.763𝑄 2

D (10)

Variation of Resistance due to Pressure loss as a result of sudden expansion of air flowing
into the exit plenum from the rotor and stator cooling tubes with flow rate :Again, this will be same for cases-1, 2 & 3
Mean diameter of the rotor and stator tubes D mean =0.02302m
Diameter of Motor Plenum = D plenum = 1.102 m
Therefore diameter ratio r = Dh/Dp = 0.24
From literature, for this value of r, K expansion ~ 1
Thus,
Pressure loss due to sudden expansion from rotor/stator tubes to plenum
𝛥𝑃𝑒𝑥𝑝𝑎𝑛𝑠𝑖𝑜𝑛,𝑡𝑢𝑏𝑒−𝑝𝑙𝑒𝑛 K 𝑒𝑥𝑝𝑎𝑛𝑠𝑖𝑜𝑛 V 2
=
𝜌𝑎𝑖𝑟 𝑔
2g
ΔP𝑒𝑥𝑝𝑎𝑛𝑠𝑖𝑜𝑛,𝑡𝑢𝑏𝑒−𝑝𝑙𝑒𝑛
𝑄2
= 1.0
2
𝜌𝑎𝑖𝑟 𝑔
2𝑔[(162. 0.25𝜋. 𝐷𝑚𝑒𝑎𝑛 2 ) ]
ΔP𝑒𝑥𝑝𝑎𝑛𝑠𝑖𝑜𝑛,𝑡𝑢𝑏𝑒−𝑝𝑙𝑒𝑛,case−1 = ΔP𝑒𝑥𝑝𝑎𝑛𝑠𝑖𝑜𝑛,𝑡𝑢𝑏𝑒−𝑝𝑙𝑒𝑛,case−2&3 = 0.5

𝜌𝑎𝑖𝑟 𝑄 2
2

[(162. 0.25𝜋. 𝐷𝑚𝑒𝑎𝑛 2 ) ]

ΔP𝑒𝑥𝑝𝑎𝑛𝑠𝑖𝑜𝑛,𝑡𝑢𝑏𝑒−𝑝𝑙𝑒𝑛,case−1 = ΔP𝑒𝑥𝑝𝑎𝑛𝑠𝑖𝑜𝑛,𝑡𝑢𝑏𝑒−𝑝𝑙𝑒𝑛,case−2&3 = 134.763𝑄 2

D (11)

Variation of Resistance due to Pressure loss as a result of cross-flow of air through the oilcooling radiator with flow rate
The oil-cooling radiator is a compact heat exchanger. The pressure drop through the oil-cooling
radiator would be same for cases-1, 2 and 3.
Pressure Drop through a compact heat exchanger [20] is given by:∆𝑃ℎ−𝑒𝑥 =

𝐺 2 𝜈𝑖
2

𝜈

𝑓𝐴 𝜈𝑚
⌉
𝑓𝑓 𝜈𝑖

⌈(1 + 𝜎 2 ) ( 𝜈𝑜 − 1) + 𝐴
𝑖

𝑚̇

Where 𝐺 = 𝐴

𝑓𝑓

𝜌𝑄

= 𝐴 , 𝜈𝑚 =
𝑓𝑓

𝜈𝑖 +𝜈𝑜
2

,𝜎 =

D (12)

𝐴𝑓𝑓
𝐴𝑓𝑟

𝑚̇ – mass flow rate ,
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νi & νo - specific volumes of air at the inlet and outlet respectively of the heat exchanger
A - Total surface area of heat transfer of the heat exchanger
Aff –minimum free flow area of the finned passages
Afr – Frontal area of the heat exchanger
In the current application, Ti , heat ex = 91.10C (364.1K), To, heat ex =1050C (378K)
At these temperatures, νi = 1.045m3/kg, νo = 1.085m3/kg, therefore (νo/ νi -1) =0.038 (negligible).
Hence the first term in the above equation vanishes.
Thus,
∆𝑃ℎ−𝑒𝑥 =

2
𝜌𝑄
]
𝐴𝑓𝑓

[

2

𝜈𝑖

𝑓𝐴 𝜈𝑚

⌈𝐴

𝑓𝑓

𝜈𝑖

⌉ = 𝐾𝑄 2

D (13)

Where K is the Loss coefficient of the heat exchanger. Apart from Q & f, all the other terms in the
above expression are constant for a particular heat exchanger. Variation in f is small under the
given Reynolds number range and hence it can be treated as a constant. Therefore, K is constant
for a particular heat exchanger.
Now at 4000CFM = 2.096 kg/s, ΔP = 1” of H2O.
Therefore K = 0.22757” of H2O / (kg/s)2
Thus,
∆𝑃ℎ−𝑒𝑥,𝑐𝑎𝑠𝑒−1 = ∆𝑃ℎ−𝑒𝑥,𝑐𝑎𝑠𝑒−2&3 = 0.228𝑄 2

D (14)

Therefore,
Total pressure drop in the system for case-1 is calculated as –
ΔP system, case-1 = ΔP tubes, case-1 + ΔP contraction, case-1+ ΔP expansion, blow-plen, case-1+ ΔP expansion, tube-plen, case-1
+ ΔP h-ex, case-1
Adding eqns. D (2), D (9), D (10), D (11) & D (14)
ΔP system, case-1 = {135.513 Q2+ 53.905Q2 + 134.763Q2+ 134.763Q2} Pa
+ 0.228 Q2 ”of H2O
ΔP system, case-1 = {1.842Q2 + 0.228 Q2}”of H2O = 2.069Q2” of H20 =2.07Q2” of H2O
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Similarly, total pressure drop in the system for case-2 is calculated as –
ΔP system, case-2 = ΔP tubes, case-2 + ΔP contraction, case-2+ ΔP expansion, blow-plen, case-2
+ ΔP expansion, tube-plen, case-2 + ΔP h-ex, case-2
Adding eqns. D (5), D (9), D (10), D (11) & D (14)
ΔP system, case-2 = {67.765 Q2+ 318.189Q2.124 + 53.905Q2+134.763Q2+ 134.763Q2} Pa
+ 0.228 Q2 ”of H2O
ΔP system, case-2 = {391.195 Q2+ 318.189Q2.124} Pa + 0.228Q2”of H2O
ΔP system, case-2 = {1.569 Q2+ 1.276Q2.124} Pa + 0.228 Q2”of H2O
ΔP system, case-2 = {1.796 Q2+ 1.276Q2.124}”of H2O
Again, total pressure drop in the system for case-3 is calculated as –
ΔP system, case-3 = ΔP tubes, case-3 + ΔP contraction, case-3+ ΔP expansion, blow-plen, case-3
+ ΔP expansion, tube-plen, case-3 + ΔP h-ex, case-3
Adding eqns. D (8), D (9), D (10), D (11) & D (14)
ΔP system, case-3 = {67.765 Q2+ 227.124Q2.124 + 53.905Q2+134.763Q2+ 134.763Q2} Pa
+ 0.228 Q2 ”of H2O
ΔP system, case-3 = {391.195 Q2+ 227.189Q2.124} Pa + 0.228 Q2”of H2O
ΔP system, case-3 = {1.569 Q2+ 0.912Q2.124} + 0.228 Q2”of H2O
ΔP system, case-3 = {1.796 Q2+ 0.912Q2.124}”of H2O

Note that in the above equations Q is assumed to be in m3/s. To convert CFM to m3/s, Q
must be multiplied by the conversion factor of 4.984e-4

85

